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Abstract
The research work summarized in this thesis presents a combined analytical, experimental and
numerical investigation of various aspects of single-phase convective heat transfer enhancement
by the use of pin fins is presented. After a brief review of the basic methods used to enhance the
heat transfer by simultaneous increase of heat transfer surface area as well as the heat transfer
coefficient, a simple analytical method to assess the heat transfer enhancement is presented. The
method is demonstrated on pin fins as elements for the heat transfer enhancement, but it can in
principle be applied also to other fin forms. In order to check the applicability of the analytical
method, experimental investigations of a double-pipe pin fin heat exchanger were carried out.
The order of the magnitude of heat transfer enhancement obtained experimentally was similar to
that obtained analytically. The heat transfer and pressure drop results for the pin fin heat exchanger were compared with the results for a smooth-pipe heat exchanger. It was found that by a
direct comparison of Nu and Eu, no conclusion regarding the relative performances could be
made. This is because the dimensionless variables are introduced for the scaling of heat transfer
and pressure drop results from laboratory to large scale but not for the performance comparison.
Therefore a literature survey of the performance comparison methods used in the past was also
performed. It was found that all proposed methods in the literature offer only an approximate
comparison of the performance of heat transfer surfaces. For new developments in heat transfer
enhancement methods, it was considered that such methods would fail to predict the performance of new heat transfer surfaces. Hence in the present thesis a more consistent comparison
method of the performance of heat transfer surfaces is proposed and its applicability demonstrated.
The new comparison method compares directly the heat transfer rate with the required pumping
power of heat transfer surfaces under comparison. The heat exchanger volume as another important parameter for the heat exchanger design is considered by plotting the heat transfer rate versus power input normalized to the heat exchanger volume. The heat exchanger performance plot
obtained in this way allows the comparison of newly tested heat transfer surfaces and also of
heat transfer surfaces with available heat transfer and pressure drop data. Depending on the constraints used during the comparison, the heat exchanger performance plot allows the comparison
of the performance of entire heat exchangers in their actual state or of the heat transfer surfaces
only.
The newly developed performance comparison method allowed a detailed numerical study of
the influence of pin cross-section on the performance of pin fin arrays used in the electronics
industry. In order to cover a wide range of influencing parameters in the performance comparison, two geometrical comparison criteria for six different cross-sections with both in-line and
staggered arrangements were selected.
One of the intentions of the present work was the derivation of the basic heat transfer and pressure drop data for pin fins which might be applied as an alternative to common interrupted fin
forms (strip or louvered fins) in flat-tube heat exchangers used in the air conditioning and automobile industries. Therefore, a comprehensive parametric study of small-diameter pins with
high a population density was carried out. For the presentation of the data in terms of dimen-
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sionless variables (Nu and Eu) as functions of all important parameters, a multiple regression
analysis was performed. The overall performance was compared based on the heat exchanger
performance plot.
However, it was found that for a proper comparison of flat-tube and pin fin heat exchangers,
some correction of pin the length is required. This is because the entire heat exchanger performance is influenced not only by pin length but also by the blockage factor of the heat exchanger
frontal area by the walls of the tube carrying liquid on the other side of the heat exchanger. The
analysis of the performance parameters of the pins with such a corrected pin length and the performance comparison based on heat exchanger performance plot resulted in a similar optimal
pin length.
In the last part of the thesis, comparison of the overall performance of a common flat-tube and
louvered fin heat exchanger with a model of a flat-tube and pin fin heat exchanger is made. For
comparison purposes, a louvered fin heat exchanger model was experimentally tested. The pin
fin heat exchanger was numerically simulated for the same thermal and fluid dynamic boundary
conditions. From a performance comparison based on the heat exchanger performance plot, it
was found that the pin fin heat exchanger is able to perform the same way as a louvered fin heat
exchanger but with 22% less volume.

Nomenclature
A

Area

b

Plate distance by plate-fin heat exchangers

Bi

Biot number

C

Heat capacity rate

cp

Specific heat at constant pressure

Cs

Sutherland constant

d

Diameter

D

Diameter of the outer pipe by double pipe heat exchangers

e

Energy normalized to area ore volume

E

Energy

Eu

Euler number

f

Friction factor

F

Dimensionless pumping power factor

h

Heat transfer coefficient, Height

j

Colburn factor

J

Dimensionless heat transfer factor

k

Thermal conductivity

l

Length

m

Fin parameter

m&

Mass flow rate

N

Number of pin (tube) rows

NTU

Number of heat transfer units

Nu

Nusselt number

p

Pressure

P

Perimeter

Pr

Prandtl number

Q&

Heat flux

Re

Reynolds number

SL

Streamwise spacing

sm

Minimum distance between pins

St

Stanton number

Nomenclature

iv
ST

Transverse spacing

T

Temperatue

U

Overall heat transfer coefficient

u,v,w Cartesian velocity comonents
V

Volume

V&

Volume flow rate

Greek Letters

β

Heat exchanger compactness

δ

Characteristic fin dimension (in Biot number)

∆

Difference

ε

Effectiveness, Heat exchanger efficiency

η

Efficiency

κ

Roughness

µ

Dynamic viscosity

ν

Kinematic viscosity

ρ

Density

σ

Ratio of the free flow area to the frontal area

τ

Momentum transport term

ϕ

Coverage ratio

Subscripts

a

Air

ach

Area change

acc

Acceleration

ain

Inlet air temperature

aout

Outlet air temperature

b

Bare surface

bf

Base of the fin; Performance figure

bp

Base of the pin

c

Cross section; Cupper; Core

ch

Channel

c,in

Inlet temperature of cold fluid

cp

Corrected pin length

Nomenclature

e

Enhancement

f

Fin

fl

Flow length

fpw

First pin wall

fr

Free frontal area

h

Hydraulic

h,in

Inlet temperature of hot fluid

i

Inner diameter

in

Inlet

lm

Logarithmic mean

lpw

Last pin wall

m

Mean

mf

Mean fluid temperature

min

Minimal

mn

Micro-manometer

n

Soland parameters, Nozzle

o

Primary surface; outer diameter

out

Outlet

p

Pin

pr

Pin rows

s

Solid

t

Tip of the fin; Total area; Total surface; Profile thickness

uf

Unfinned part of the base plate

up

Unpinned part of the base plate

v

Volume

w

Water; Wall

win

Inlet water temperature

wout

Outlet water temperature

∞

Free fluid stream

v
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Chapter 1
Introduction
1.1 State of the Art of Heat Transfer Enhancement Techniques
Heat exchangers are widely used in various industrial, transportation, or domestic applications
such as thermal power plants, means of transport, heating and air conditioning systems, electronic equipment and space vehicles. In all these applications, improvements in the efficiency of
heat exchangers can lead to substantial cost, space and materials savings. Therefore, considerable research work has been done in the past to seek effective ways to increase the efficiency of
heat exchangers. The referred investigations include the selection of working fluids with high
thermal conductivity, selection of their flow arrangement and high effective heat transfer surfaces made from high-conductivity materials. For both single-phase and two-phase heat transfer,
effective heat transfer enhancement techniques have been reported. However, in the present
work only the single-phase forced convection enhancement techniques have been considered.
Over 8000 technical papers and reports have been published in various bibliographic reports,
reviews, monographs and edited texts with yearly growth tendencies (Bergles, 1985; Manglick,
2003). The heat transfer enhancement methods reported in publications be systemized in many
forms but primarily they may be grouped as passive and active enhancement methods.
The basis of any active heat transfer enhancement technique lies in the utilization of some external power in order to permit the mixing of working fluids, the rotation of heat transfer surfaces,
the vibration of heat transfer surfaces or of the working fluids and the generation of electrostatic
fields. While mechanical aids (mixing of fluids and rotation of heat transfer surface) are used in
appropriate applications such as surface scraping, baking, and drying processes, electrostatic
techniques have been demonstrated on prototype heat exchangers only. It uses electrically induced secondary motions to destabilize the thermal boundary layer near the heat transfer surface, thereby substantially increasing the heat transfer coefficients at the wall (ASHRAE, 1997).
Generally, active heat transfer enhancement methods have not been well established in industrial
applications owing to the capital and operating costs and problems associated with vibration or
acoustic noise (Webb, 1987).
The major heat transfer enhancement techniques that have found widely spread commercial application are those which possess heat transfer enhancement elements. All passive techniques
aim for the same, namely to achieve higher values of the product of heat transfer coefficient and
heat transfer surface area. A distinguish between the way haw the heat transfer enhancement is
achieved, is common in the heat transfer community. Hence also in the present work, a terminology similar to the literature is followed although for practical applications is irrelevant haw
the heat transfer enhancement is achieved.
The choice of a particular passive method depends greatly on the mode of the convection heat
transfer (natural or forced convection) and on the fluids used to transfer heat. When augmentation of heat transfer has to be provided, the thermal resistances in the direction of the heat flow
have to be considered, e.g. it is not advantageous to invest in the reduction of already low ther-
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mal resistance. It is known that gases, owing to their low thermal conductivity, are characterized
with much higher resistance for the heat flow compared with liquids. Therefore, in a liquid-gas
heat exchanger, the augmentation measures should generally be applied to the gas side.
The main resistance to heat transfer from a solid surface to a contact fluid is due to slowly moving fluid layers adjacent to the wall. From the point of view of the heat transfer coefficient, the
best flow regime is the turbulent or the transition flow in the boundary layer such as for a laminar boundary layer over a flat plate h ≈ u 0.5 , in a turbulent boundary layer h ≈ u 0.8 and in the
transition boundary layer h ≈ u 1.4 (Zukauskas and Karni, 1989). However, the natural development of turbulence starts at relatively high velocities and therefore is associated with significant
hydraulic drag as ∆ p ≈ u 2 . Hence measures which artificially generate turbulent boundary layers
or reduce their thickness by breaking them up are more effective in increasing the heat transfer
coefficient.
Turbulence promoters either in the form of surface roughness or in the form of threedimensional surface protuberances tend primarily to increase the heat transfer coefficient due to
disturbance or destruction of the viscous sub-layer near the wall. The key dimensions of the
roughness geometry are the relative roughness height, the relative roughness spacing and the
shape of the roughness element. The optimal geometry of roughness depends mostly on dynamic conditions in the boundary layer and on the properties of fluid.
The next group of passive enhancement methods, considered in this section, is known as insert
devices. They are basically used for the enhancement of the heat transfer in the confined forced
convection due to the flow swirl or secondary motions along the flow length and due to the more
effective mixing of the fluid. The best known representatives of this group are discs or streamline shapes, wire coils and twisted tape inserts. The discs and streamline shapes mix the flow in
the core region and, as the viscous dominated region is near the wall, this element has not prove
to be effective in reducing major thermal resistances. Rather the drag force introduced by these
techniques is usually quite high. The wire coils as insert device can be attached to the tube walls.
The advantage of the wire coil lies in the mixing of the flow in the region of viscous layers
where the above-mentioned elements fail. The main parameters influencing the heat transfer are
the ratios of wire diameter to inner tube diameter and wire spacing to wire diameter. Generally,
the heat transfer increase due to wire coils is higher than friction factor increase. As far as
twisted tapes as passive elements are concerned, the heat transfer enhancement may occur due to
a reduction in hydraulic diameter, which results in increased heat transfer even for zero twist.
Further, the twist of the tape causes a tangential velocity component, which increases fluid velocity near the wall. The heat transfer enhancement results from the increased shear stress at the
wall. A further increase in heat transfer by utilization of twisted tapes may result owing to the
tape conduction, provided that good contact between the tape and the walls has been established.
Thus the insert devices customarily achieve the enhancement of the heat transfer coefficient and
in some cases a moderate increase in heat transfer surface area. A review of insert devices as
passive elements for heat transfer enhancement was given by Dewan et al. (2004).
The most effective heat transfer enhancement can be achieved by using fins as elements for heat
transfer surface area extension. In the past, a large variety of fins have been applied for these
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purposes, leading to very compact heat exchangers with gas and gas or gas and liquid as the
working media. Plate fin, tube fin and rotary regenerators are widely encountered compact heat
exchangers in the industry. Plate fin heat exchangers are formed by thin fins (usually thin metal
sheets) sandwiched between flat plates or flat tubes. Fins can be die- or roll-formed and are attached to the plates by brazing, soldering, adhesive bonding, welding, mechanical fit, or extrusion. Fins may be used on both sides in gas-to-gas heat exchangers. In gas-to-liquid applications, fins are usually used only on the gas side (the side with higher thermal resistance). Plate
fins are categorized as plain and straight fins, such as plain triangular and rectangular fins, plain
but wavy fins, plain but perforated fins and interrupted fins such as offset strip or louvered fins.
The compactness of the heat exchanger is related to the population density of the heat exchanger
volume with heat transfer enhancement elements. Plate fin heat exchangers with an area density
up to 5900 m²/m³ have been built (Shah, 1999). However, the usual area density of such heat
exchangers, e.g. for car radiators, is approximately 1500 m²/m³. Compact heat exchangers of
this type were primary developed for application in the aircraft and automobile industries, but
now they are widely used also in electric power plants, in electronic, cryogenic, air conditioning
and waste heat recovery systems (Hewitt et al. 1994; Shah and Sekulic, 2003). Heat transfer and
pressure drop characteristics of plate fin heat exchangers have attracted the interest of many
workers, in numerous papers on these devices. However, the most comprehensive and fundamental analysis of their thermal and pressure drop characteristics was performed by Kays and
London (1964).
The other class of compact heat exchangers, namely tube fin heat exchangers, is build as a combination of tubes with various cross-sections with fins usually outside tubes. The common form
of the tube cross-section is round or rectangular but elliptical cross-sections are also encountered. Fins are generally attached on the outside by a tight mechanical fit, adhesive bonding,
soldering, brazing, welding, or extrusion. Depending on the form and direction of the fins, the
tubes may be classified as individual tube with normal fins, individual tube with longitudinal
fins and tube arrays with plain, wavy or interrupted external fins. Tube fin heat exchangers with
an area density of about 3300 m²/m³ are commercially available. These exchangers are extensively used as condensers and evaporators in air conditioning and refrigeration applications, as
condensers in electric power plants, as oil coolers in propulsive power plants, and as air-cooled
exchangers (fin-fan exchangers) in the process and power industries.
The third class of compact heat exchangers, known as regenerators is of storage type with heat
transfer elements usually in matrix form. The continuous operation of the regenerator is provided either by periodically moving the matrix into and out of fixed gas streams (rotary regenerator) or by deflection of gas streams through valves to or from the fixed matrix (fixed-matrix
regenerator). This kind of heat exchanger is characterized by very high compactness, reaching a
heat transfer area density up to 6600 m²/m³ (Shah, 1999), and is extensively used in chemical
plan, in ships, in electricity generating stations, and in air conditioning systems.
Fins are effective in heat transfer enhancement only if they exceed the boundary layer thickness,
resulting in a major part of the heat transfer area being exposed to a free fluid stream. The heat
transfer coefficient on the extended surface may be lower or higher than that on an unfinned
surface, e.g. the plain fins increase the heat transfer surface area but may result in a slight de-
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crease in heat transfer coefficient, whereas interrupted fins (strip, louvered, etc.) provide both an
increased surface area and increased heat transfer coefficient.

1.2 Aim of the Work
There are almost no industrial fields in which heat exchangers are not applied. The design of the
heat exchanger influences greatly the design of the entire system or process in which they are
applied. Many factors influence the design of a heat exchanger, but the most important ones are
the heat transfer rate, pumping power required to run the heat exchanger, heat exchanger volume
requared, heat exchanger weight and heat exchanger production costs. Depending on the application, some of the above factors may have priority but in general the first factors that have to be
considered are heat transfer rate, power input and heat exchanger volume. With the exception of
a few cases, usually in all kinds of processes high heat transfer rate and small pressure drop
within a small heat exchanger volume are required. Particular care in consideration of the last
three factors is required for heat exchangers containing gas streams or gas and liquid streams
separated by solid walls. In any heat exchanger form, the heat is transferred by all three basic
forms: conduction, convection and radiation simultaneously. The intensity of heat conduction is
not a challenging problem as usually it can be controlled by the material chosen to build the heat
exchanger. Further, radiation is of less concern for heat exchangers operating under moderate
temperatures, whereas the intensity of the heat transferred by the convection is the dominant
problem particularly on the gas side for the design of the heat exchanger. Based on Newton’s
law of cooling, convective heat transfer can be calculated as the product of the heat transfer coefficient, heat transfer surface area and temperature difference between the wall and fluid. The
wall to fluid temperature difference is usually adjusted oneself based on the operating conditions
and therefore it cannot be used to enhance the heat transfer rate. Hence in order to achieve a
high heat transfer rate, one can increase the heat transfer surface area or the heat transfer coefficient, or both of them simultaneously. It was already mentioned in the previous section that interrupted fins in the form of strip or louvered fins provide both a heat transfer surface area increase and heat transfer coefficient increase. Therefore, these are particularly effective in obtaining high heat transfer rates. The mechanism which leads to high heat transfer coefficients of
such fins is the periodic interruption of the boundary layer around the fins and in this way also
achieving better mixing of fluid streams with different temperatures. Otherwise the heat transfer
surface area increase is achieved by a dense population of the bare surface with such fins and by
selecting thin and long fin forms. Similar effects can be expected also in pin fin arrays. Hence
they may be considered as a special kind of interrupted fins, although they are not obtained by
cutting of continuous fins such as in the case of strip or louvered fins. The analytical and experimental study of the heat transfer enhancement obtained by employing pins was the first objective of the present work.
All elements (including pins) that lead to an increase in heat transfer also lead to an increase in
pressure drop. Hence engineers responsible for the design of high-performance heat exchangers
are continually confronted with a trade-off between the heat transfer and pressure drop of such
heat exchangers. Performance comparison tools that allow the selection of the heat exchanger by
consideration of both trade-off factors are particularly helpful in heat exchanger design for a
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particular application. The applicability of such comparison tools for the selection of heat transfer surfaces among the large number of heat transfer surfaces for which the basic heat transfer
and pressure drop characteristics are known is also highly desirable. Therefore, as one of the
major aims of the present work was the development, demonstration and testing of a performance comparison method that meets the above specified objectives.
The numerical investigation of the influence of pin cross-section on the performance of pin fin
arrays used for the cooling of electronic components by consideration of heat transfer and pressure drop was a further objective.
The objective of the last part of the work was the numerical investigation and the derivation of
basic heat transfer and pressure drop characteristics of pin fins, which might be used in flat-tube
heat exchangers encountered in the air conditioning and automobile industries. A further goal
was the performance comparison of pin fins with other common fin types used in flat-tube heat
exchangers.

1.3 Organization of the Thesis
This thesis is organized into nine Chapters. Chapter 2 gives an overview of some highly effective heat transfer surfaces used basically for the enhancement of single-phase convective heat
transfer in the air conditioning, refrigeration, unit air heater and automobile industries. It follows
the analysis of basic parameters that influence the performance of the fins and at the end a relatively simple analytical method for the assessment of the order of the magnitude of heat transfer
enhancement is presented.
Chapter 3 deals with the experimental investigation of heat transfer from pin fin heat transfer
surfaces. It also introduces the problem related to the methods of comparison of the performance
of heat transfer surfaces by a comparison of the heat transfer and pressure drop of a double pipe
pin fin heat exchanger with those of a smooth pipe heat exchanger.
Chapter 4 gives details of various comparison methods used in the past for the performance
comparison of heat transfer surfaces. It is shown that all those methods have an indicative character, which leads to an approximate estimation of the performance and hence also to an uncertainty as to whether the selected heat transfer surface will provide the predicted performance
under given operating conditions. Hence a new comparison method is presented and demonstrated. It is shown also that the suggested method provides a consistent and accurate performance comparison of not only the new tested surfaces but also of the surfaces with available heat
transfer and pressure drop characteristics.
In Chapter 5, the numerical work carried out to investigate the influence of pin cross-section on
the performance of pin fin arrays used in the electronics industry is presented. It is shown that
the heat exchanger performance plot described in Chapter 4 allows fast and accurate comparisons of the performances of pin arrays with various cross-sections and various arrangements.
In Chapter 6, the numerical work aimed to provide basic heat transfer and pressure drop data for
pin fins with configurations suitable for usage in flat-tube heat exchangers is presented. The
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regression analysis and the corresponding equation for Nu and Eu as functions of all important
parameters are also presented.
Chapter 7 deals with some aspects of the interrelation of the pin performance and the performance of the entire flat-tube and pin fin heat exchangers. It is demonstrated that by correcting the
basic pin performance parameters with a proper pin length, the optimal pin length that corresponds to the pin length obtained from the heat exchanger performance plot can be derived.
Chapter 8 provides the results of the comparison of the performance of a common flat-tube and
louvered fin heat exchanger tested experimentally with a numerically simulated flat-tube and pin
fin heat exchanger. It also gives some details of the practical applications of the heat exchanger
performance plot.
Chapter 9 gives a detailed summary, conclusions and outlook derived from this work.

Chapter 2
Preliminary Considerations on Heat Transfer Enhancement
Methods
2.1 Characteristics of Some Effective Heat Transfer Surfaces
In the previous section, basic methods of heat transfer enhancement and their operating principles were discussed. It was pointed out that most effective methods employ fins with appropriate
length, geometry and material characteristics according to the specific application. The primary
task of the fins employed in highly effective heat exchangers is to increase the heat transfer surface and heat transfer coefficient. Such a double effect can be achieved by a densely populated
surface with elements in the form of interrupted lamellae or profiles with a smaller cross-section
compared with their length. An interrupted element prevents boundary layer development in the
flow direction and hence the thermal resistance of such fins is usually much lower than it would
be in the case of continuous lamellae. Furthermore, the flow distribution and mixing of fluid
streams with different temperatures are much better and hence the heat transfer from fins into
fluid or vice versa is quite effective. There exist many different types of such fins, but most
popular are wavy, strip and louvereded fins.

Fig. 2.1 A plate fin heat exchanger (“qunfaradiator.en.alibaba.com”) and
wavy fins („www.hughes-treitler.com”)
Wavy fins are widely used in the air conditioning, refrigeration and process industries. Generally, heat exchanger containing wavy fins can be encountered in gas to gas and liquid to gas heat
transfer applications. The gas-liquid heat exchangers consist of parallel spaced tubes through
which water, oil, or refrigerant is forced to flow while air flows across the outside of the tube
surface and between the fins. Usually these are known as tube and wavy fin heat exchangers.
Gas-gas heat exchangers containing this type of fins are built using several plates separating the
gas streams and wavy fins (Fig. 2.1) between the plates. Their usual notation is plate and wavy
fin heat exchangers. In the practical application of wavy channels, two variants are often utilized, namely herringbone and smooth wavy (Fig. 2.2). Heat transfer enhancement in wavy fin
heat exchangers is achieved by extension of the flow passage (more heat transfer surface),
breaking of the boundary layer owing to periodic changes of the flow direction and eventual
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flow impingement on to the neighboring fin surface. The intensity of such effects depends basically on the fin to fin distance (fin pitch), wave length, wave depth and fin thickness. Because of
their relatively simple manufacturing technology and high efficiency, these fins attracted the
interest of numerous workers in the past. Kays and London (1964) were among the first to investigate such fins experimentally and provide their basic heat transfer and pressure drop characteristics. Similar investigations have been performed in more recent years by several groups
such as Wang et al. (1997), Abu Madi et al. (1998), Stasiek (1998), Wang et al. (1999a) and
Lozza and Merlo (2001).

b)

a)

Fig. 2.2 Geometric parameters of wavy and tube fin:
a) Herringbone wavy, b) Smooth wavy (Wang et al. 2002)
Following the work of previous groups, Wang et al. (2002) performed a regression analysis of a
large sample of experimental data to derive empirical correlations for heat transfer and flow
friction characteristics of herringbone wavy fin and tube heat exchangers. More recently,
Wongwises and Chokeman (2005) performed an experimental study of the effects of fin pitch
and number of tube rows on the air-side performance of herringbone fin and tube heat exchangers with various fin thicknesses.

t

l

Flow

Fig. 2.3 Offset strip fins
(„www.hughes-treitler.com”)

Fig. 2.4 Geometric parameters of offset strip fin
(addapted from Manglik and Bergles, 1995)

Offset strip fins (Fig. 2.3) are one of the most widely used elements for heat transfer enhancement in the aircraft, cryogenics, and many other industries that do not require mass production.
Offset strip fin surfaces belongs to the highest heat transfer performance surfaces. Their heat
transfer coefficient is 1.5 to 4 times those of plain fins. This type of element for heat transfer

2.1 Characteristics of Some Effective Heat Transfer Surfaces

9

increase is applied only in plate-and fin-type heat exchangers, owing to practical difficulties for
tube and fin applications.
The flow passage of offset strip fin heat exchangers is broken into a number of small sections.
Periodic repetition of fin leading and trailing edges results in a periodic development and abrupt
breaking of boundary layer over the fin surface. Consequently, the boundary layer cannot become thick and therefore the strip fins are associated with high heat transfer coefficients. However, the separation, recirculation and reattachment of the fluid in the wake region of the strips
results in higher friction factors than those of plane or wavy fins. Considerable efforts have been
made to predict the thermal and fluid dynamic behavior of offset strip fin surfaces during the
last 50 years (Shah, 1999; Shah and Sekulic, 2003). Other than the excellent work of Kays and
London (1964), that by Manglik and Bergles (1995) offers the most fundamental insight into the
nature of convective heat transfer over such surfaces. Apart from a detailed description of the
heat transfer and flow pattern, the authors derived comprehensive correlations for predicting
heat transfer and friction coefficients of such heat transfer surfaces. They showed that major
parameters influencing heat transfer and pressure drop are fin length l, fin depth t, transverse
spacing s and fin thickness δf (Fig. 2.4). An analytical model to predict the transition from laminar to turbulent flow in the offset strip channel was derived by Joshi and Web (1987). The
model was developed based on numerical results, whereas for the turbulent region a semiempirical method was used. The flow pattern in the fin wake and its effect on transition were observed by flow visualization experiments. There have been attempts to simulate numerically the
heat transfer and flow pattern in strip fin arrays. Most of such work considered the fin to be of
zero thickness. An exception is the work of Patankar and Prakash (1981), who performed numerical simulation with a finite fin thickness. However, they could not explain the poor agreement of their numerical results for Stanton number with the experimental results of Kays and
London (1964). The influence of the Prandtl number on the heat transfer performance of offset
strip fin heat exchangers was investigated by Hu and Herold (1995a, b). They developed a laminar model to predict the heat transfer and pressure drop with Prandtl numbers from 0.7 to 150.
The authors concluded that literature models for air-cooled offset strip fin arrays overpredict the
heat transfer coefficient for liquid cooling by about 100%. No influence of Prandtl number was
found in the Fanning friction factor. Recently, Tochon et al. (2004) discussed the relative influence of geometric strip fin parameters on the heat transfer and flow pattern. Based on their numerical simulations, they concluded that the fin spacing and strip length are responsible for the
boundary layer interactions and wake dissipation. The fin thickness introduces form drag and
also affects the heat transfer performance. Higher aspect ratio, shorter lengths and thinner fins
are found to provide higher heat transfer coefficients and friction factor. Such conclusions are in
accord with the conclusions of several authors that the thermal resistance of fins can be substantially reduced by using fins of shorter length and high aspect ratio.
Very common forms of elements for heat transfer enhancement are single- and multi-louvered
fins (Fig. 2.5). These are basically used in radiators, heaters, evaporators and condensers in the
automotive industry, where the space and weight are two major constraints.
The availability of high-speed production techniques, consequently being less expensive than
other interrupted fins, is an additional reason for their wide usage. By providing multiple edges,

10

2 Preliminary Considerations on Heat Transfer Enhancement Methods

flow deflection and partial flow impingement, they are associated with higher heat transfer coefficients than those for offset strip fins. Although the friction factor increase is greater than the
heat transfer increase, the heat exchangers can be designed for higher heat transfer and the same
pressure drop compared with those with offset strip fins by proper selection of the exchanger
frontal area, core depth, and fin density. Louvered fin geometry can be considered as a combination of wavy and strip fin geometry (Fig. 2.6).

a)

b)

Fig. 2.5 A flat-tube and louvered fin heat exchanger: a) Heat exchanger
(„www.evanscooling.com“), b) Louvered fins (Shah, 1999)
Flat tube

Louver
Louver

Flat tube

Louvered plate fin
Air flow
Air flow

Corrugated louver fin

Fig. 2.6 Typical louvered fin geometry with two and one flat rows of tubes in the flow
direction (adapted from Wang et al., 1999b)
They are usually brazed, soldered or mechanically expanded to a flat, extruded tube, and formed
into serpentine or parallel flow geometry. The louvered fin heat exchanger is built in the form of
a combination of louvered fins and a single row of flat tubes with high aspect ratio or multiple
rows of tubes with lower aspect ratio. Although not very common, the louvered fin and round
tube combination can be encountered in practical applications.
Basic geometrical parameters influencing the heat transfer and pressure drop in a louvered fin
configuration are louver pitch Lp, louver angle φ , louver height Lh, louver thickness t, louver
length Ll, and fin pitch Fp (Fig. 2.7).
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The fluid dynamic and heat transfer characteristics of louvered fin heat exchangers have been
studied intensively by numerous groups perhaps starting with the work of London and Ferguson
(1949). One year later, Kays and London (1950b), reported the test results of three different louvered fin geometries. They noted an increase in heat transfer coefficient owing to laminar sublayer interruption but also a friction factor increase. They suggested lower flow velocities in
order to keep friction factors of the same order as for plane fins but with substantially higher
heat transfer coefficients than those of plain fins.
Fd

Fl
Ll

a)

Fin

Unlouvered area

Louver

Tube

b)

Fig. 2.7 Geometrical parameters of louvered fin:
a) Cut in the flow direction, b) Cut normal to the louver fins
The number of experimental and numerical studies on louvered fin heat exchanger surfaces has
grown continuously during the last 20 years. Among them, Cowell et al. (1995) gave an overview of the operating conditions of louvered fin surfaces and compared them with offset strip fin
enhanced surfaces. They suggested that louvered fins may be a better solution in applications
where size, weight and pumping power are important constraints. As a possible reason they gave
the characteristic flow-deflection and thin boundary layers which for a louvered fin geometry
are more noticeable than for the strip fin geometry. A detailed experimental investigation of the
flow field around a louvered fin was performed by Springer and Thole (1998). They measured
two components of velocity around louvered fins in a large-scale model, in order to understand
the mechanism which promotes higher heat transfer coefficients. They found that for Re between 230 and 1016 the flow is louver directed rather than duct directed.
In parallel numerical simulations, they identified the regions where the flow field may be considered periodic in order to perform a correct simulation of convective heat transfer from lou-
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vered fin surfaces. The experimental work of Leong and Toh (1999), Yan and Sheen (2000) and
Kim and Bullard (2002) offers additional information on the heat transfer coefficient and pressure drop over louvered fin geometry. In a following experimental study DeJong and Jacobi
(2003a, b) used the naphthalene sublimation technique to visualize the flow and temperature
field, separation zones and unsteadiness of the flow around a louvered fin. Empirical correlations of the heat transfer coefficient and pressure drop derived from large amounts of experimental data were presented by Chang and Wang (1997), Wang et al. (1999b) and Chang et al.
(2000).
Numerical investigations of louvered fins offer the possibility of fast and low-cost investigations
of all important parameters of the flow with heat transfer over louvered fins. This was demonstrated in the numerical work of Leu et al. (2001). They performed 3-D simulations of thermal
and fluid dynamic characteristics of louvered fin and tube heat exchangers with circular and
oval tubes. They studied the effect of the axis ratio, louver pitch, louver angle and louver length
on the heat exchanger performance. They noted a decrease in heat transfer performance and
pressure drop with increase in axis ratio for a fixed louver length and louver angle. Further, they
found that with a decrease in louver pitch, both the heat transfer coefficient and pressure drop
factor increase and both of them increase with increase in louver length. The increase in flow
angle results in a higher pressure drop but in relation to the heat transfer coefficient an optimal
angle can be found. Zhang and Tafti (2003) investigated the influence of Re, fin pitch, louver
thickness and louver angle on the flow efficiency as a parameter, which is the percentage of the
fluid flowing along the louver direction. Based on their large numerical database, they derived a
general correlation for this parameter. An interesting numerical study was carried out also by
Perrotin and Clodic (2003). They performed 2-D steady and unsteady simulations and a 3-D
steady simulation with the commercial code Star-CD in order to predict heat transfer and pressure drop characteristics of louvered fins. By comparison of their data with experimental results,
they came to the conclusion that the 3-D conjugate heat transfer model predicts the heat transfer
coefficient within a 13% difference from experimental data, whereas the 2-D model overpredicts
this parameter by 80%. However, the 2-D model offered local information to understand the
physical phenomena of enhanced heat transfer with less computer resources.

2.2 Fin Performance Parameters
In previous sections, it was pointed that for the enhancement of convective heat transfer, fins
provide the most effective elements. Regardless of the fin geometry, an exact theoretical analysis of their heat transfer mode is in most practical cases not possible. The large variety of fins
used up to now can be grouped as longitudinal, radial and in pin fins. Fortunately for most fin
geometries used in practical applications, a somewhat simplified analysis of one-dimensional
conduction as given by Harper and Brown (1922) has been proven satisfactory. A relatively long
list of assumptions should be provided in order the one-dimensional analysis of fins with a constant cross-section to be applicable in a particular situation. Some of these assumptions, such as
steady-state conduction process and no presence of heat sources are more or less satisfied in
industrial applications of finned surfaces. One should pay particular attention to the following
constraints (Kraus et al., 2001; Razelos, 2003):
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•

The thermal conductivity of the fin material is constant.

•

The heat transfer coefficient is the same over the entire fin surface.

•

The temperature at the base of the fin is uniform.

•

The heat transfer through the tip of the fin is negligible compared with the heat leaving
its lateral surface.

•

The fin thickness is so small compared with its length that temperature gradients normal
to the surface may be neglected.
y
T
bf
T

∞

Tt
P

z
x

dx
l

A
x

Fig. 2.8 One-dimensional fin model
The behaviour of the temperature profile through the fin is the key step in the evaluation of the
fin performance. Application of the energy conservation principle in the elementary volume of
the fin (Fig. 2.8) results in the following differential equation:
d 2T
= m 2 (T − T∞ )
2
dx

(2.1)

In Eq. (2.1) T is the temperature, x the heat flow direction, ∞ subscript which refer to the free
hP
[m-1] a fin parameter where h is the heat transfer coefficient, k the
kA
thermal conductivity of the fin, P the perimeter of the pin and A the area of the pin cross-section.

fluid stream and m =

The general solution of Eq. (2.1) has following form:

T − T∞ = C1e mx + C 2 e ( − mx )
The integration constants C1 and C2 can be fixed using following boundary conditions:

(2.2)
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x = 0 → T = Tbf
x = l→

(2.3)

dT
=0
dx

Hence from the general solution one obtains the following specific solution for fins with constant cross-section:

T − T∞
cosh[m(l − x )]
=
Tbf − T∞
cosh (ml )

(2.4)

where l is the length of the pin and subscript bf refer to the base of the fin.
The temperature excess at the fin tip Tt (Fig. 2.9) is given as
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6

Fig. 2.9 Dimensionless presentation of heat fluxes though the fin
and fin tip temperature profile
The heat flux transferred by the fin Q& bf can be calculated by the substitution of the expression
for temperature profile (Eq. 2.4) into the one-dimensional Fourier low of heat conduction
through the base of the fin:
⎛ dT ⎞
Q& bf = −kAbf ⎜
⎟ = mkAbf (Tbf − T∞ ) tanh (ml )
⎝ dx ⎠ x = 0

(2.6)

The assessment of the performance of a fin can be done by the evaluation of the fin effectiveness ε , which compares the heat transferred by the fin with that transferred from the primary
surface Q& that is covered by the fin’s base under the same thermal conditions in the absence of
0

the fin:

ε=

Q& bf mkAbf (Tbf − T∞ ) tanh(ml ) km
=
=
tanh(ml )
hAbf (Tbf − T∞ )
h
Q& o

(2.7)
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Another parameter which accounts for the finite fin length may be defined as the ratio of the
heat flux from the actual fin to the heat flux of an infinite long fin with the same cross-section.
In the present work it is termed the fin performance figure (Merker and Eiglmeier, 1999) and is
denoted ε pf . The corresponding relationship can be derived by dividing right side of Eq. (2.6)
(actual heat transfer from the fin with a finite length) by the heat transfer of an infinite fin length
for which case tanh(ml)=1 (Fig. 2.9). Thus

ε pf =

Q& bf
kAbf hP (Tbf − T∞ )

= tanh(ml )

(2.8)

Lienhardt (1981) plotted the fin performance figure ε pf (he named it dimensionless heat flux
through the base of the fin) and dimensionless temperature excess (Eq. 2.5) against the parameter ml to analyze the appropriate fin length. Such a plot (Fig. 2.9) expresses an almost linear
increase in the dimensionless heat flux through the base of the fin for lower values of the parameter ml and an asymptotic approach towards the maximal value. Obviously, with increasing
fin length l and hence ml , the temperature difference between the fin tip and the surrounding
fluid decreases relatively fast. Hence, after a particular limit of fin length no more benefit can be
expected in terms of heat transfer increase. By applying the principle of diminishing returns, one
can see that a reasonable fin length is to be expected for values of ml of the order of magnitude
O(1), as for these values around 76% of the maximal possible heat transfer rate will be transferred by the fin. Polifke and Kopitz (2005) arrived at the same conclusion based on the ″80%
rule″ (Pareto Rule). A somewhat larger range of the parameter ml was found to be optimal by
Merker and Eiglmeier (1999). They stated that the optimal fin length corresponds to 0.9 < ml <
2.
Before deciding to apply fins, one should be aware that their application would make sense only
if the conductive heat transfer resistance within the pin is much lower than the convective heat
transfer resistance from the pin in the surrounding fluid. A measure of both of these resistances
hδ
where δ represents the characteristic dimension of
is represented by the Biot number, Bi =
k
the fin. Razelos (2003) shows that Bi should be <<1 in order that the thermal resistance ratio
between the convective and conductive heat transfers is favourable for the application of fins.
Furthermore, for this order of magnitude of Bi, the one-dimensional heat transfer model applies
without introducing any substantial error in calculations. Combining both criteria for the order
of magnitude of ml and Bi, one can obtain the order of magnitude of the ratio of fin length to fin
thickness, e.g. for pins with Bi = 0.001 the ratio l / d , where d is the pin diameter, should be of
the order of magnitude O(15). Razelos (2003) has shown that the same order of magnitude for
the ratio of the fin geometrical parameters is valid also for longitudinal fins. He concluded that
well designed fins are thermally and geometrically thin. The term thermally thin is associated
with low conductive resistance of the fins in the lateral direction compared with the convective
resistance from the fin to the surrounding fluid.
Another parameter, called the fin efficiency, η , has been widely used in the heat transfer literature as a fin design parameter. It represents the ratio of the heat transferred from the fin to the
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heat which would have been transferred under the same conditions if the entire surface of the fin
were to have the base temperature and it can be calculated by the expression

η=

tanh(ml)
ml

(2.9)

Furthermore, the total efficiency η t was introduced to simplify the heat transfer calculation from
extended surfaces. By taking the heat transfer coefficient of the unfinned portion to be the same
with heat transfer coefficient of the fin, it can be determined as follows:

ηt = 1 −

Af
At

(1 − η )

(2.10)

where Af is the area of the fin surface and At the total heat transfer surface area in contact with
fluid.
Provided that η t is known, the total heat transfer from a finned surface can be calculated as follows:

Q& t = η t hAt (Tb − T∞ )

(2.11)

where Tb is the temperature of the bare surface which is the sum of the free surface and surface
part covert by fin base.
Although the fin efficiency appears in almost all elementary heat transfer textbooks, there are
also some justifiable annotations, which end with advice against the use of such parameter for
design purposes. For example, Lienhard (1981) concluded: ″it is clear that, while η provides
some useful information as to how well the fin is contrived, it is not generally advisable to design toward a particular value of η ″. He came to this conclusion based on the behaviour of fin
efficiency for very long and very short fin lengths. Namely, for fin lengths approaching zero the
fin efficiency goes up 100% although the heat transfer from such fins would be almost zero. The
opposite behaviour of fin efficiency and heat transfer would be the case for very long fins. Similar behaviour of fin efficiency and fin length was described also by Heggs (1999).
The most critical statement regarding the fin efficiency as a design parameter probably comes
from Razelos (2003). He stated that the parameters η and η t account for the temperature drop
along the fin and these can be used to calculate the heat transfer from extended surfaces, but are
not appropriate as these parameters lead to contradictory conclusions regarding the behaviour of
the heat transfer rate. Namely, according to Eqs. (2.10) and (2.11), η and therefore Q& increase
t

t

with increase in η . However, this is a paradox since with increase in η , Q& t decreases. Hence
for the evaluation of the fin performance, Razelos (2003) suggested the usage of the dimensionless heat dissipation, which for fins with constant cross-section and an adiabatic tip reduces
to the dimensionless heat flux given by Eq. (2.8).
All the above-mentioned parameters which might be used for the assessment of fin performance
(Eqs. 2.7, 2.8 and 2.9) depend on the parameter ml. Obviously, this parameter which accounts
for the fluid dynamic and thermal flow patterns around the fins, fin cross-section, fin length and
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fin material, determines the final fin performance. The large number of variables influencing the
parameter ml and hence the fin performance make the fin design an open-ended optimization
problem (Lienhard, 1981).

2.3 Order of Magnitude Considerations for Heat Transfer Enhancements
It has been pointed out that the extension of heat exchanger surfaces by utilization of fins is a
widely used method to enhance heat transfer passively. Different fin geometries have been used
in the past such as plain, strip, louvered and pin fins. It would be helpful to know previously
what order of magnitude of heat transfer enhancement can be expected with such fins. The
analysis presented here will show that such a prediction is possible by utilizing the basic law of
conductivity of heat transfer for the bare surface area and for the surface where the fins are attached to the bare surface area. The analysis is based on the pinned fin surface presented schematically in Figs. 2.10 and 2.11, but it can be applied also to any other fin geometry (Sahiti et al.
2005a).

y
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.
.
qbp q up
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Fig. 2.10 Heat transfer area covered by pins. Fig. 2.11 Heat fluxes from the free and pin base.

The molecularly conducted heat from a plate without any heat transfer enhancement element
(bare plate) can be given as
⎛ ∂T ⎞
q&b = − ka ⎜
⎟
⎝ ∂y ⎠ a ,y =0

(2.12)

⎛ ∂T ⎞
⎟⎟
where k a is thermal conductivity of the air, ⎜⎜
is the temperature gradient at the air side
⎝ ∂y ⎠ a , y =0
of the wall-air interface and q&b is the heat transfer rate per unit area of bare plate.
When elements for heat transfer enhancement are placed on the heat transfer surface to cover an
area ϕ Ab , the area for the heat transfer from the solid surface to the fluid (air in the present
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work) decreases to (1 − ϕ ) Ab , where Ab denotes the surface area of the bare plate. Hence, to estimate the heat transfer enhancement, we may write
⎛ ∂T ⎞
⎛ ∂T ⎞
⎟⎟
⎟⎟
q& e = q& up + q& bp = −(1 − ϕ )k a ⎜⎜
− ϕk s ⎜⎜
⎝ ∂y ⎠ s , y =0
⎝ ∂y ⎠ a , y =0

(2.13)

where q& e is the enhanced heat flux, q& up heat flux through the unpinned portion of the base plate
(free portion of the base plate), q& bp heat flux through the base surface area of pin, k a , k s thermal
⎛ ∂T ⎞
⎟⎟
conductivities of air and solid material, respectively, ⎜⎜
,
⎝ ∂y ⎠ a , y =0

⎛ ∂T ⎞
⎜⎜
⎟⎟
temperature gradi⎝ ∂y ⎠ s , y =0

ents at the interface between the free surface and air and at the base of the pin fin, respectively,
and ϕ denotes the ratio of the base pin surface area and bare plate surface area (coverage ratio).
In order to achieve a high heat transfer rate, one should employ a large number of small elements with a small coverage ratio ϕ (5-10%) resulting in a substantially increased heat transfer
surface area but without an excessive pressure drop. In that that case ϕ << 1 , and therefore Eq.
(2.13) can be rewritten in the following approximate form:
⎛ ∂T ⎞
⎛ ∂T ⎞
q&e ≈ − ka ⎜
− ϕ ks ⎜
⎟
⎟
⎝ ∂y ⎠a , y =0
⎝ ∂y ⎠ s , y =0

(2.14)

Hence, neglecting the difference in the temperature gradient at the solid-air interface for the bare
plate and for the finned surface, the ratio of the total heat flux from a base plate with pins and
the bare base plate takes the form
⎛ ∂T ⎞
⎜⎜
⎟⎟
q&e
k s ⎝ ∂y ⎠ s , y =0
≈ 1+ ϕ
q&b
k a ⎛ ∂T ⎞
⎜⎜
⎟⎟
⎝ ∂y ⎠ a , y =0

(2.15)

In order to assess the above ratio, one should know the temperature profile at the interface between plate and air and between the plate and base of the fin. As these usually are not known,
one can express the conductive heat fluxes in terms of convective heat transfer fluxes using the
heat transfer coefficient and fin efficiency. Hence the conductive heat flux through the base of
the pin Q& can be expressed as
bf

⎛ ∂T ⎞
⎟⎟
Q& bf = −ϕk s Ab ⎜⎜
= h pηA p (Tb − T∞ )
⎝ ∂y ⎠ s , y =0

(2.16)

where, h p , η , A p , Tb and T∞ refer to the heat transfer coefficient of pins, the pin efficiency, the
pin surface area in contact with the fluid, the bare plate temperature (taken to be equal to the
temperature of the free portion of the plate and base of the pin) and the free stream fluid temperature, respectively.
Further, Eq. (2.16) can be transformed into the following form:
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Ap
⎛ ∂T ⎞
⎟⎟
− ϕk s ⎜⎜
= h pη
(Tb − T∞ ) = ϕh pη
(Tb − T∞ )
Ab
Abp
⎝ ∂y ⎠ s , y =0
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(2.17)

where Abp represents the area of the pin base.
Similarly, the heat flux through the bare surface area Q& b can be expressed as
⎛ ∂T ⎞
⎟⎟
Q& b = −k a Ab ⎜⎜
= hb Ab (Tb − T∞ )
⎝ ∂y ⎠ a , y =0

(2.18)

From Eq. (2.18) one can express the temperature gradient as:
⎛ ∂T ⎞
⎟⎟
− k a ⎜⎜
= hb (Tb − T∞ )
⎝ ∂y ⎠ a , y =0

(2.19)

By substitution of Eqs. (2.17) and (2.19) into Eq. (2.15), one can obtain the following equivalent
expression:

h p Ap
q& e
≈ 1 + ϕη
q& b
hb Abp

(2.20)

Careful analysis of the parameters in the second part of Eq. (2.20) might serve as a clue to select
approximately the geometry of the fin which would lead to high heat transfer fluxes from the
augmented surface compared with the bare surface. The values of the parameters ϕ and Abp represent a compromise between the pressure drop and heat exchanger compactness, whereas the
parameters η , h p and A p are strongly influenced by the fluid flow velocity and the geometry of

the fins. The pin efficiency η depends additionally on the pin material. Hence for a particular
heat exchanger compactness and flow regime, the ratio in Eq. (2.20) depends primarily on the
pin geometry. Among all fins mentioned in Section 2.1, pins are characterized with the highest
heat transfer coefficient. Hence pin fins would lead to the highest values of the above ratio provided that the coverage ratio ϕ and pin heat transfer surface area equal approximately the values
for other fins.
For pins as elements to enhance the heat transfer, then Eq. (2.20) takes the form
hp l
q& e
≈ 1 + 4ϕη
q& b
hb d

(2.21)

The heat transfer coefficient over a flat plate is a function of plate length and therefore the above
ratio would take different values for different plate lengths. For a flow velocity of 2 m/s, by selecting the pin length to diameter ratio to be l / d ≈ 15 (see Section 2.2) and taking the plate
length to be ~120 mm (e.g. for a heat sink), one obtains q& e / q& b ≈ 70 . One of the motivations for
performing comprehensive analytical, numerical and experimental investigations of pin fins as
elements for heat transfer enhancement was the high heat transfer ratio derived based on the
above simple heat surface model.

Chapter 3
Experimental Investigation of a Counter-Flow Pin Fin Heat
Exchanger
3.1 Thermal and Fluid Dynamic Characteristics of the Flow
through Pin Fin Arrays
Heat transfer and pressure drop during the fluid flow through the pin fins exhibit characteristics
of both internal and external flows with heat transfer. Whereas the heat transfer by a cross flow
over a pin array is a typical example of external convective heat transfer, the flow through the
channel containing pins has characteristics of internal flows. As with fluid flow across the fins a
thick thermal boundary layer cannot occur, the heat transfer is usually higher than for other fin
geometries. Although studies on infinite tube banks (Zukauskas, 1972; 1987a; and 1987b) are
usually taken as a reference in order to characterize the flow regime through pin fins, thermal
and fluid dynamic characteristics of the flow through the pins may show significant differences
from that through the tube banks. This difference is particularly critical for the flow over short
pins with a small length to diameter ratio (l/d), as with these fins a larger influence of the side
walls on the flow over pin arrays is to be expected.
Opinion among the heat transfer community differs as to the flow regime of the flow over tube
banks. Zukauskas and Ulinskas (1983), from their comprehensive measurements, concluded that
for Re < 103 the flow may be considered as predominantly laminar with large scale-vortices in
recirculation regions. With a further increase in Re, inter-tube flow becomes highly turbulent
with an intensity depending on the bank configuration. However, a laminar boundary layer still
develops on tubes in spite of the surrounding turbulence. The flow showing such patterns has
been observed up to Re = 105 and it is termed mixed flow. With further increase in Re, the flow
undergoes a critical regime up to Re = 2 x 105 and later up to Re = 106 a supercritical regime
with a turbulent boundary layer being fully developed occurs.
On the other hand, Bergelin et al. (1952), who investigated the heat flow from tube banks in
laminar and transition flow regimes, stated that in the range 200 < Re < 5000, the flow should be
considered in transition regime and below Re = 200 laminar. Furthermore, they indicated that
the transition process is not the same for staggered and for in-line arrangements. Blevins (1992)
presented observations of the flow over a single cylinder, which are similar to those of Bergelin
et al. (1952). In a subsequent paper, Bell (1963) suggested the flow should be considered laminar for Re < 100, in the transition region for 100< Re <4000 and as turbulent for Re > 4000.
The observations made by different authors for the flow regime over tube banks should be
treated with caution for the assessment of the flow regime over pin fins. This is because side
walls have a considerable influence on the basic friction and heat transfer characteristics. Hence
the effect of side walls in the arrays comprising pin fins cannot be neglected. The friction on the
side walls changes the fluid dynamic patterns of the flow regime, which may differ from those
observed in tube banks. Such walls in the tube bank models are quite far from each other and
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hence the tubes are usually considered to be infinitely long, as the influence of side walls on the
heat transfer and pressure drop coefficients is negligible.
Pin fins might have a staggered or in-line arrangement. Owing to more hindered flow and higher
impingement, the heat transfer from a staggered array is in general higher than for in-line pins.
This is particularly true for the laminar flow regime, as pointed out by Isachenko et al. (1969).
For the same thermal and hydraulic conditions, the heat transfer for staggered array of tubes is
50% higher than for in-line arrays. Hwang and Lui (2002) obtained similar results also for pin
fins. However, with increase in Re, the advantage of a staggered arrangement diminishes and it
becomes zero at Re = 105. Even for the laminar flow regime, one should be careful in choosing a
staggered arrangement as the pressure drop associated with this pin arrangement is much higher
than that for an in-line arrangement. Hwang and Lui (2002) observed a 4-5 times higher pressure drop for a staggered than an in-line arrangement.
Fluid flow across the first row of pins resembles the flow across a singular fin for both in-line
and staggered pin arrangements. For the second and subsequent rows, the flow patterns are specific for each arrangement. For the staggered arrangement, the nature of the flow over the inner
rows differs only slightly from that over the first row. However, for the in-line arrangement a
lesser influence of the vortex shedding is observed, as these are positioned in the vortex region
of the upstream pins and a substantial part of the fluid flows through the longitudinal passage
between the pins. The intensity of occurrence of such effects depends mainly on the distance
between the pins, their hydraulic diameter and the flow regime. Usually the geometric characteristics of pin fin array are characterized by two dimensionless variables: the transverse pitch to
diameter ratio ST / d , and longitudinal or streamwise pitch to diameter ratio S L / d . Another factor that may influence the heat transfer from a pin fin array is the length to diameter ratio l/d.
Generally, the heat transfer coefficient for the first pin row of the staggered arrangement is
lower than that for the subsequent rows. The opposite might be true for the flow over an in-line
pin fin array. The largest variation in the heat transfer coefficient for pin row has been observed
up to the 5th row while for subsequent rows the heat transfer shows a slight approach to a constant value which is close to the value of heat transfer of the first pin row.

3.2 Literature Review of Heat Transfer from Pin Fins
Over the years pin fins have been used as elements for effective heat transfer in various applications where space and weight are important constraints such as in the power plant industry for
cooling of gas turbine blades, in the electronics industry for cooling of electronic components
and recently also in the hot water boilers of central heating systems. Thus the thermal and fluid
dynamic characteristics of flow over pin fins have been the interest of numerous investigators.
The first basic heat transfer and flow-friction data for pin fin surfaces were derived by Norris
and Spofford (1942). The experiments were carried out with the aim of the derivation of basic
parameters of forced convection heat transfer for continuous, corrugated, strip and pin fins. By
use of the perimeter as the length scale, they could approximately represent the heat transfer
data with a single curve for a single plane, single cylinder, various strip fins and pin fins. Norris
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and Spofford included in their tests an in-line pin fin arrangement with pin diameters of 0.5 mm
and 1 mm and a pin length of ~ 19 mm.
In a later work, Kays (1955) performed probably the most extensive study of pin fins as elements for heat transfer enhancement. He presented test data for four in-line pin arrangements
and one staggered arrangement. It was demonstrated that owing to a high area to perimeter ratio,
pin fins provide one method for obtaining very high heat transfer coefficients while at the same
time maintaining high fin effectiveness. He concluded that despite high friction factors of pin fin
surfaces, it is possible to design heat exchangers that are competitive, from volume and weight
points of view, with heat exchangers having continuous or louvered fins. Furthermore, Kays
also dealt with some problems which may be encountered with pin fin heat exchangers such as
the pin vibration and the tendency of the flow to become completely laminar if the pins are in an
in-line arrangement and too close to each other.
Among the first contributions belongs also the work of Theoclitus (1966), who performed a limited parametric study of pin fins with an in-line arrangement. He investigated nine different geometries of in-line pin fins with circular cross-section with length to diameter ratios in the range
4 ≤ l/d ≤ 12. Further, he investigated the acoustic and vibrational characteristics of the flow over
the pins and concluded that these phenomena are basically influenced by the fluid velocity and
heat exchanger configuration. In general, the average heat transfer rates reported by Theoclitus
were lower for short than for longer cylinders.
Some papers related to pin fins deal with the influence of the clearance between the fin tip and
the upper surface of the channel in the thermal and pressure drop characteristics of the pin fin
assembly. This kind of flow over pin fins is characteristic of cooling of various electronic components where the pins might not occupy the whole surface between the bottom and covering
plate. Sparrow and Ramsey (1978) reported excellent experimental work on the influence of tip
clearance for a staggered wall-attached array of cylinders. They obtained data on heat transfer
coefficients by applying the analogy between heat and mass transfer via the naphthalene sublimation technique. They found that the heat transfer coefficient increases moderately as the
length of the cylinder increases and the tip clearance between the pin and the shroud decreases.
On the other hand, the array pressure drop increases markedly with increasing cylinder length.
This behaviour was explained with inter-cylinder velocities for short pins which are less than the
mean velocity, whereas for taller cylinders the inter-cylinder velocities tend to approach the
mean value. The same phenomenon was also observed by Sara et al. (2001) and by Dogruoz et
al. (2002) during their investigations of the heat transfer and pressure drop characteristics of a
square pin fin in a rectangular channel with tip clearance. Somewhat different observations were
reported by Moores and Joshi (2003). For a small amount of clearance (<10%) they reported
higher mean heat transfer and lower overall pressure drop compared with the case with no tip
clearance. The authors attributed the heat transfer increase to the additional surface area that is
exposed to the fluid when clearance is provided. The observations made on the effect of the tip
clearance on the thermal and hydraulic characteristics of pin fin arrays is important for the application of pin fins in heat sinks with the fan situated on one of the sink sides. The fan fixed
opposite to the heat sink is another fan-heat sink arrangement used widely in the electronics industry. The increase in thermal performance of heat sinks due to air impingement in the sink has
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been investigated by Maveety and Jung (2000). They performed computational and experimental estimations of the heat transfer from a heat sink with air impingement cooling and observed a
large pressure gradient within the heat sink centerline channels that induces better mixing of the
air and results in a higher heat transfer coefficient compared with channels away from the heat
sink centerline. Further, they found the cooling performance to be greatly affected by minor
changes in fin dimensions. However, Issa and Ortega (2002), in their investigations of heat
transfer by air impingement in a square pin fin array reported a weak dependence of sink thermal resistance on pin length. They hypothesized that these phenomena occur due to much higher
heat transfer coefficients in cross-flow than parallel to the pin axis. Further, the authors observed
that the pressure drop increases with increase in pin density and pin hydraulic diameter and decreases with increase in pin length. Furthermore, they noted a little dependence of pressure loss
coefficient on Re and a decrease in thermal resistance with increase in Re, pin density and pin
diameter.
The influences of the pin fin distance and the pin fin material on thermal performance of the inline and staggered pin fin assembly were studded by Babus’Haq et al. (1995). They determined
the optimal fin distance in the streamwise direction for a uniform spanwise distance and noted
that the optimal spacing increases as the thermal conductivity of the pin fin material increases.
Further, they noted that the overall pressure drop for all tested configurations increases steadily
with increasing mean inlet velocity and with decreasing uniform pin fin spacing.
There have also been some contributions on the influence of the cross-sectional shape of the fin
on their thermal and fluid dynamic characteristics. Li et al. (1996) have investigated the convective heat transfer and pressure drop for arrays of long drop-shaped cylinders in cross flow. They
showed that mean heat transfer coefficients of drop-shaped cylinder arrays are about 8-29%
higher than those of the corresponding circular cylinder arrays, and the pressure drop of the
former is only about half of the latter. Chen et al. (1997) also carried out experiments on heat
transfer and pressure drop coefficients in a rectangular duct with drop-shaped pin fins. They
reported Nusselt numbers for channel with drop-shaped pin fins which are slightly higher than
those of circular ones. However, they found that the pressure drop of drop-shaped pin fins is 4251% less than that of round ones. In another study, Li et al. (1998) observed heat transfer and
pressure drop characteristics of elliptical pin fins in a rectangular channel. They measured
higher heat transfer coefficients for elliptical fins than those measured by other workers for circular pin fins. Furthermore, they reported a lower pressure drop for elliptical pins in the range of
44-58%. Camci and Uzol (2001) compared experimentally the heat transfer and pressure drop of
two geometries of elliptical pin fins with circular pins. By using liquid crystal thermography,
they showed that the endwall heat transfer enhancement of the circular pin fin array is about 2530% higher than that of the elliptical pin fin array. However, they observed that the circular pins
induce 120-185% more pressure losses than elliptical pins and heat transfer enhancement on the
elliptical fin itself due to the increased wetted surface area, which is 35-85% more than that in
the circular fins. Hence they found that elliptical pins offer a very attractive alternative to circular pin fins for turbine blade cooling purposes.
In general, the intensity of heat transfer from the pin wall differs from that from the endwall.
However, observations have shown that for short pin fins, such as those used in turbine blade
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cooling, this difference is small and sometimes may be neglected. Some papers dealing with pin
fin array performance in blade cooling also report such differences. For example, VanFossen
(1982) investigated the heat transfer from short pin fin arrays taking into account the heat transfer from the pin fin surfaces and from endwalls. He found that heat transfer from short pins with
a length to diameter ratio l/d = 2 and 0.5 was lower than those of long pins based on the available data for long pins. Further he found that heat transfer from the pin surface was 35% higher
than from the endwalls. Similar results were reported by Yeh and Chuy (1998) in their experimental investigations of overall heat transfer and heat transfer coefficients of both the pins and
endwalls in a channel embedded with a staggered pin fin array. Thus for l/d = 1.0 they reported
a 0-10% higher heat transfer coefficient of the pins than the endwalls, whereas for l/d = 2 this
difference was 10-20% in favour of pin fin heat transfer coefficient. However, Metzger et al.
(1984), in their investigations of short pin fin arrays with l/d = 1, found the pin surface heat
transfer coefficients to be approximately twice as large as those acting on the endwalls. The
main objective of the investigations was the influence of the array orientation with respect to the
mean flow direction on the heat transfer rates and the associated pressure losses for circular and
oblong pin fin arrays. It was reported that with circular pin fins rotated two-thirds of the way
towards a in-line orientation from a staggered orientation, a 9% increase in heat transfer and an
18% decrease in pressure loss were observed. For the oblong pins there was 20 % increase in
heat transfer compared with the circular pin fin arrays but this increase was offset by an approximately 100% increase in pressure loss.
There are also papers which deal with some additional effects that may influence the heat transfer and pressure drop characteristics for the flow over pin fins, e.g. the effect of missing a pin in
the array (Sparrow and Molki, 1982), the effect of turning the flow direction (Sparrow et al.,
1984; Hwang and Chau,1990; Chyu et al., 1992), the influence of no uniform pin distribution
and converging flow section (Metzger et al., 1986), and the effect of the fillet at the base of the
cylindrical pins (Chuy, 1990).
In a recent study, Short et al. (2003a, b) conducted an experimental study to derive basic heat
transfer and friction data for cast pin fins for coldwalls used in electronic applications. They
carried out experiments on a staggered pin arrangement in a wide range of geometric configurations and Reynolds numbers. The data were derived for various streamwise and transverse pin
spacings and for various pin length to pin diameter ratios. By use of correlation analysis, the
authors provided corresponding equations for heat transfer factor j and friction factor f for the
considered geometric parameters and Re.

3.3 Heat Exchanger Test Rig
To carry out the experiments, a counter flow heat exchanger was chosen, involving two axisaligned pipes, the inner one consisting of copper and the outer one of stainless steel. Around the
inner pipe, a copper wire mesh providing pin-like fins with diameter 0.7 mm and length 28.2
mm was wrapped (Fig. 3.1).
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Fig. 3.1 Core part of the heat exchanger.

The wires were arranged in a somewhat staggered way and had a mean distance of 3 mm in the
streamwise direction and 6.5 mm in the spanwise direction, measured with a mean annular diameter of 70.8 mm. This double pipe heat exchanger was mounted in a test rig consisting of an
open-ended wind tunnel as shown in Fig. 3.2.
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See Fig. 3.3
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Temperature reading
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Fig. 3.2 Schematic of the pin fin heat exchanger measurement setup.

The wind tunnel, set according to DIN norms, was able to provide a flow rate up to 8 m³/s. The
various flow rates of air for the author’s experiment were measured by using a U-tube manometer attached to the wind channel.
Temperature changes on the cold fluid side (air side) were recorded by Pt100 resistance thermometers manufactured by OMEGA Newport with a perforated coating. On the water side the
temperature was measured by Pt100 resistance thermometers but with a normal coating.
To avoid heat losses from the wire mesh into the surroundings and to avoid erroneous readings
of temperatures at the inlet and outlet of air due to radiation and convection heat transfers from
the bands of inner copper pipe, the relevant parts were insulated using a mineral fiber mat with
thermal conductivity k = 0.1 W/m.K (Fig. 3.3). The sequential readings of four Pt100 ther-
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mometers used during the experimentation were taken from a reading device with a display and
a channel switching unit. In order to obtain high heat transfer rates the heat exchanger was run
in the counter-current mode.
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Fig. 3.3 The geometry of the present pin fin heat exchanger (dimensions are in mm): a) cold
air, b) insulation (airside), c) wire-like pin fins, d) insulation (waterside), e) hot water.

3.4 Experimental Procedure and Data Reduction
A simple way to measure the flow rate of air in the present test facility is by reading the pressure
difference at the inlet nozzle and converting it into the mean nozzle inlet velocity. However, this
technique could not be applied because of small pressure differences corresponding to the low
flow rates considered. Therefore, the author used a U-tube manometer connected to the channel
wall, which was previously calibrated using a Pitot probe. The velocity profile obtained by the
use of Pitot tube was used for the determination of the mean velocity in the tube cross-section
and volume flow rate. For each flow rate, a reading of difference in the U-tube manometer was
taken to obtain the calibration curve.
To cover a wide range of conditions relevant to the heat exchanger, the measurements were
taken at 15 flow rates of air corresponding to a water flow rate of 3 l/min. Each experiment was
repeated three times to obtain good representative average values. During the measurements the
flow rates of air were chosen in steps of 20 mm of water column of the U-tube. Thus a flow rate
range from 0.016 to 0.062 m³/s could be obtained. Owing to the heat introduced by the fan, the
inlet temperature of the air varied between 19 and 22.5°C. Higher inlet temperatures were recorded at higher flow rates owing to higher heat losses from the fan motor. At the outlet of the
heat exchanger the air temperatures between 64 and 51°C were observed. The inlet water temperature was around 76.7°C with a variation of less than 0.65%, whereas the outlet water temperature reached values between 69 and 73°C.
Pressure drop measurements were carried out under isothermal conditions (Kays and London,
1950a) to avoid fluid property changes due to temperature variations in the heat exchanger. The
pressure drop in the heat exchanger corresponding to the flow rates was measured by taking
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static pressure readings 5 tube diameters in front of the heat exchanger on a differential manometer manufactured by Novodirect. The static pressure on the heat exchanger outlet was considered to be the same as the ambient pressure, since the heat exchanger during the pressure
measurement procedure was kept at the end of the pipe.
In order to obtain the heat transfer coefficient on the air side, one needs to know the overall heat
transfer coefficient, which considering the heat exchanger as an adiabatic system, can be calculated with the expression:
U=

Q&
A ⋅ ∆Tlm

(3.1)

where A is the heat transfer surface area. In the present experiments A represents the outside
surface area of the inner tube with d 0 = 42.6 mm. The logarithmic mean temperature difference
in Eq. (3.1) is calculated with the expression:

∆Tlm =

(Twout − Tain ) − (Twin − Taout )
T −T
ln wout ain
Twin − Taout

(3.2)

The heat flux in Eq. (3.1) was calculated using the enthalpy difference on the water side, because parameters were measured accurately on the water side:
Q& = ρ w c pwV&w (Twin − Twout )

(3.3)

where ρ w , c pw and V&w are the density, thermal capacity and volume flow rate of the water, respectively.
The analysis was simplified by relating the air side heat transfer coefficient (hb) to the outside
bare surface area of the inner pipe (see Section 4.3.1 for further details). Hence following expression was applied for the estimation of the air side heat transfer coefficient:

⎛1
d
d
d ⎞
hb = ⎜⎜ − 0 − 0 ln 0 ⎟⎟
⎝ U hw d i 2k c d i ⎠

−1

(3.4)

where di and d o denote the inner and outer diameters of the inner heat exchanger tube, respectively, hw is the heat transfer coefficient in the water side and kc the thermal conductivity of the
cupper tube.
Well established equations derived empirically for the turbulent flow regime or analytically for
the laminar flow regime describing the heat transfer on the water side exist in the literature (Incropera, 2002; Baehr and Stephen, 2004; Holman, 1999). However, during the present experiments it was found that the mean Reynolds number Re ≈ 4757 corresponds to the transition region. Therefore, hw calculated from such expressions resulted in physically unjustifiable values
of hb for present investigations. An appropriate equation for Nuw on the water side was found to
be the following:
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Nu w = 0.036 Re 0.8 Pr 1 / 3 (d i / l ) 0.055

(3.5)

where l represents the length of the inner tube (920 mm in the present case). Eq. (3.5) proposes
the Nusselt number for developing turbulent flows (Holman, 1999) and it also provides accurate
results for the transition region of the flow in the inner tube in the present work. Obviously the
inlet conditions of the water flow into the heat exchanger section (such as sharp bends) cause an
early transition of the laminar flow into turbulent flow.
The heat transfer coefficient on the water side (Eq. 3.4) was derived based on the Nusselt number using the following expression:
hw =

k w Nu w
di

(3.6)

where k w denotes the thermal conductivity of the water.
The above-described procedure was used for the derivation of the heat transfer coefficient on the
air side by taking into account the fluid property variations due to the temperature variations. All
fluid properties were taken from the VDI Wärmeatlas (2002). The heat transfer results were presented in the dimensionless form by using the Nusselt number on the air side calculated as follows:
Nu b =

hb Dh
ka

(3.7)

where Dh = Di − d o represents the hydraulic diameter of ring space occupied by pins and Di denotes the inner diameter of the outer pipe. The same hydraulic diameter was used for the calculation of the Reynolds number on the air side.
The pressure drop ∆p , which in addition to friction and form drag pressure losses includes the
entrance and exit losses, was expressed as a function of the flow rate in the dimensionless form
by using the Euler number:

Eu =

2∆p
ρ a u a2 N

(3.8)

where ρ a represents the mean air density, u a the mean air velocity and N the number of pin
rows in the streamwise direction.
For comparison purposes, the heat transfer and pressure drop estimations were also performed
for a smooth double pipe heat exchanger, in the counter-flow arrangement, with the same geometric characteristics as those given in Fig. 3.3. The Nusselt number for the convective heat
transfer in the air flowing through the smooth annular space was derived based on the following
equation (VDI Wärmeatlas, 2002):
⎛d
Nu = 0.86⎜⎜ 0
⎝ Di

⎞
⎟⎟
⎠

−0.16

⎡ ⎛ Dh ⎞ 2 / 3 ⎤
(ξ / 8) RePr
⎟ ⎥
⎢1 + ⎜
1 + 12.7 ξ / 8 ( Pr 2 / 3 − 1) ⎢⎣ ⎝ l ⎠ ⎥⎦

(3.9)
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where ξ = (1.8 log Re − 1.5) −2 and Dh = hydraulic diameter of the annular space.
For the determination of the pressure drop in the smooth double pipe heat exchanger, the following equation was used:
∆p = f

l ρu 2
Dh 2

(3.10)

where the friction factor f is defined based on the Haaland equation (White, 2002):
⎡
⎛ κ
f = ⎢− 1.8 log⎜⎜
⎢⎣
⎝ 3 .7 D h

⎞
⎟⎟
⎠

1.11

6 .9 ⎤
⎥
+
Re ⎥
⎦

−2

(3.11)

wher k stands for pipe wall roughness (= 0.0015 mm).
The equivalent friction factor of the pin fin heat exchanger fp was introduced in order to perform
direct comparisons of this parameter with that of a smooth double pipe heat exchanger. The relationship used to calculate the equivalent friction factor is given by Eq. (3.12):
fp =

NDh Eu
l

(3.12)

3.5 Uncertainty Analysis
Uncertainty analysis was performed by using the method of Kline and McClintock (1953). By
this method the uncertainty of a variable R which is a function of independent variables x1, x2,
…, xn, can be estimated by taking root-sum-square of the contributions of individual variables.
The individual uncertainties of different variables measured in the present work are provided in
Table 3.1. The effects of individual variables resulted in a uncertainty of (3.2-10)% for Re, (1621.1)% for Nu and (6.6-20.5)% for Eu.
Table 3.1 Uncertainty of the individual sources.

Variable
Inner diameter of outside tube
Outer diameter of inside tube
Outer diameter of inside tube
Difference pressure drop (digital manometer)
Difference pressure drop (U-tube manometer)
Water flow rate
Inlet air temperature
Outlet air temperature
Inlet water temperature
Outlet water temperature

Symbol

Uncertainty (%)
Di
do
di

∆p
∆p
V&w
tain
taout
twin
twout

0.1
0.2
0.3
(1.6-4.6)
(3.2-8.9)
2.0
0.9
0.4
0.3
0.3
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3.6 Discussion of the Results
One objective of the present experiments was to demonstrate that an enhancement of the heat
transfer rate by an increase in fluid flow velocity (and thus resulting in flow turbulence) is not an
effective method since the heat flux varies with the velocity approximately as Q& ≈ u 0 ,5 whereas
the pressure drop varies as ∆ p ≈ u 2 . Thus due to an increase of velocity and hence Reynolds
number, the pressure losses would rise faster than the rise in the heat flux. In order to bring out
the relatively weak influence of the fluid velocity on the heat transfer rate, Nu of the smooth
double pipe with the same dimensions as those of the present heat exchanger is presented in Fig.
3.4. The results clearly show the advantage of using pin fins to increase Nu. It is important to
note that increased flow velocities result in 2-3 times higher Nu, whereas by employing the pins
it is possible to obtain 65-105 times higher values of Nu compared with those for the smooth
pipe heat exchanger.
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Fig. 3.4 Nu as function of Re for pin fin heat exchanger
and smooth pipe heat exchanger

However, Nu is not the only parameter to assess the performance of a heat exchanger. Rather in
the design procedure particular care should be given to the pressure losses as these are directly
proportional to the operating costs. It may happen that owing to high pressure losses the expenditure on mechanical pumping power is as much as the enhancement of the heat transfer rate of
a heat exchanger. The pressure drop in general in all heat exchangers is approximately proportional to ρ −2 for laminar or turbulent flow conditions (Shah and Sekulic, 2003). Therefore, the
pressure drop in a heat exchanger with one or both working fluids as a gas is usually critical and
therefore the pressure drop on the air side only was measured in the present experiments. It was
ensured that during the pressure drop measurements no heat transfer took place, in order to prevent the effect of changing fluid properties. For flow over tube banks or over pin fins, it is convenient to give the pressure drop results in term of pressure loss coefficient or Euler number for
tube row, since for such flows the pressure drop varies linearly with number of pin rows crossed
by the fluid.
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The non-dimensional form of the data presented in Fig. 3.5 enables one to obtain the pressure
drop for geometrically similar heat exchangers but with a different length and hence a different
number of pin rows. It is emphasized here once again that the plotted Eu includes the pressure
drop introduced due to the pins (a major part of the pressure drop) as well as the pressure drop
associated with the entrance and exit effects in the heat exchanger.
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Fig. 3.5 Eu and Re correlation for the investigated heat exchanger

In order to have a complete picture regarding the advantages of using a pin fin heat exchanger
compared with a smooth one, the pressure drop characteristics for pin fin and smooth pipe heat
exchangers should be compared. Hence similarly to the comparison of heat transfer characteristics in terms of Nu, the friction factors of the two considered heat exchangers were compared
(Fig. 3.6).
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Fig.3.6 Friction factor as function of Re for pin fin and smooth pipe heat exchanger.

As one can see from Fig. 3.6, the ratio of the friction factors of the pin fin heat exchanger and
the smooth pipe heat exchanger was even larger than the corresponding ratio of Nu, e.g. for
smaller Re the ratio of friction factors was found to be 180 whereas for higher Re this ratio took
the value 140.
Regarding the relative performances of the two heat exchangers, one has to analyze both the
heat transfer and pressure drop. However, the direct comparison of the corresponding parame-
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ters does not lead to any conclusion. This is because the increase in heat transfer coefficient for
compact surfaces is usually followed by an even higher increase in the friction factor. However,
high compact heat transfer surfaces are widely accepted to be very effective in various heat
transfer applications. Hence the misleading impression from the above analysis of heat transfer
and pressure drop characteristics is related to the use of Nu and f for the performance comparison. In order to avoid erroneous conclusions, one needs to apply other methods to compare the
performances of various heat transfer surfaces and also of various heat exchangers. The availability of such methods plays a key role in the appropriate selection of heat exchangers for a
particular application. Hence, in the next chapter basic comparison methods suggested by different authors will be reviewed and a more convenient method developed in the present work will
be presented and demonstrated.

Chapter 4
Selection Strategy of Elements for Heat Transfer Enhancement
4.1 Introduction Remarks
Continuous efforts to improve the performance of heat exchangers in all fields of application
have resulted in the accumulation of a large amount of data out of mainly experimental investigations of the thermal and flow characteristics of various heat exchangers. Among the available
data are also those that were obtained for elements of heat transfer enhancements. The engineers
usually apply these data for a preliminary selection of elements for the heat transfer enhancement of a particular heat exchanger. However, the availability of the data for a large variety of
elements for different heat exchanger surfaces is of small benefit unless proper methods to compare the final performance of such surfaces are provided. Moreover, during the development of
new heat exchangers, one needs to plot the data in an appropriate way, in order to assess directly
the performance of the proposed heat exchanger compared with an earlier developed one. The
objective of development of such comparative methods should result in the selection of a surface or enhancement element that would lead to the most effective heat exchanger within the
given constraints. The comparison should be as simple as possible but should be carried out with
confidence that the surface selected by the selected comparison method will meet the requirements of the heat exchanger under operating conditions. Commonly the thermal and fluid dynamic characteristics of heat exchangers in the form of the Nusselt number Nu or Colburn factor
j and the friction factor f are utilized to perform the heat exchanger performance comparison.
However, the dimensionless parameter are suitable for scaling purposes among geometrically
similar heat exchangers, but their direct comparison does not offer the answer which of different
type heat exchanger surfaces or enhancement elements will meet the performance objectives
within the design constraints. For example, the performance of heat exchangers usually increases with increase of their compactness. However, the increase in Nu with increase in heat
exchanger compactness is less than pressure drop increase. Hence the direct comparison of Nu
and f may lead to erroneous conclusion that less compact heat exchanger perform better than
more compact one.
Depending on a specific application, one may identify various performance objectives which
would determine the final heat exchanger configuration. Usually performance objectives in the
selection procedure are either the increase in overall heat transfer coefficient or reduction in
pumping power or reduction in heat exchanger volume (Webb, 1987). The improvement of the
overall heat transfer coefficient results in an increased heat transfer rate or in the reduction of
heat transfer driving potential (temperature difference). Further, the reduced temperature difference is associated with lower thermodynamic irreversibilities, resulting in lower thermodynamic
costs. On the other hand, reduced pumping power results in low cost operating heat exchanger,
whereas the importance of reduced heat exchanger volume lies in the reduced material cost,
weight and space requirements.
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Various comparison methods, known as the performance evaluation criteria (PEC) or goodness
factor, have been developed in the past while seeking appropriate heat exchanger selection procedures. In order to simplify the analysis, the PEC usually consider only the heat exchanger surface controlling the heat transfer resistance, e.g., air or gas side, and neglect the thermal resistance of the separating walls and fluid flow arrangement. Further, the PEC account only for the
core pressure drop, which do not include pressure changes due to the entrance and exit effects as
well the acceleration effect. The review of such PEC, including their advantages, disadvantages
and basic relationships, is given in the next section. Other aspects which might influence the
selection of heat exchangers, such as, maintenance, reliability, safety, costs, etc., were not considered in the present work.

4.2 Review of Comparison Methods for Heat Exchanger Selection
Depending on whether the frontal area of the heat exchanger or the heat exchanger volume is the
parameter of interest, two major comparison criteria, namely the area goodness factor and volume goodness factor, have been used in the past. The area goodness factor represents basically
the direct comparison of the ratio j / f as a function of Re in order to identify which heat ex-

changer surface would require the minimal frontal area for a fixed pressure drop. The method
does not serve as an effective selection tool in several practical applications, where, in addition,
to the pressure drop, the entire heat exchanger volume has to be taken into account.
Probably the first method for the comparison of different heat exchanger surfaces came from
Colburn (1942), who suggested plotting heat transfer coefficient versus power loss per unit surface area. In this way, Colburn determined the most economic tube spacing for flow across inline and staggered tube banks using data from extensive tests by Pierson (1937) on tube banks.
The method of Colburn continues to be used even these days for comparison of various heat
exchanger surfaces. Thus London and Ferguson (1949) adopted the Colburn (1942) method, to
plot the heat transfer coefficient h versus flow friction power supply normalized to the total heat
transfer area (wetted area) e of the investigated heat exchangers. They plotted the data for the
reference gas at 280°C and proposed the relation needed to predict h and e for fluids at other
than reference properties. This is known as the volume goodness factor of heat exchanger performance as it refers to the entire heat exchanger surface. The advantage of the London and Ferguson (1949) method is the direct use of the heat exchanger data, such as, Colburn factor j =
StPr2/3 and Fanning friction factor f to compare the heat exchanger performance:
h=

e=

µ3

Re j

(4.1)

µ3
Re f
2 ρd h3

(4.2)

dh

The Reynolds number is based on the hydraulic diameter and is defined as
dh = 4

Ac l
At

(4.3)
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where Ac denotes the minimal cross-sectional surface area, At the total heat transfer surface area
and l the flow length of heat exchanger.
It is important to note the indicative character of the expressions for h and e (Eqs. 4.1 and 4.2)
regarding the influence of dh on the performance of heat exchanger surfaces (higher performance with a decrease in the value of the hydraulic diameter). The better performance of a particular heat exchanger based on the London and Ferguson (1949) method is characterized by a
higher curve position in the plot of h versus e. The method allows only a rough estimation of the
relative heat exchanger performance as a large value of h implies a small driving temperature
difference and therefore the real advantage of a heat exchanger will be less than that predicted
by the comparison of h and e only.
A completely different comparison method was suggested by LaHaye et al. (1974). Basically
they used the flow length between the major boundary-layer disturbances to plot the heat exchanger data in the dimensionless form. In this way they introduced the major factor responsible
for the heat transfer increase, namely, the frequency of boundary-layer interruption as a performance parameter. The following relationships for the dimensionless pumping power F and
dimensionless heat transfer performance factor J as basic performance variables were defined by
LaHaye et al. (1974):
F = fRe 3

(4.4)

J = jRe

(4.5)

LaHaye et al. (1974) used the data of Kays and London (1964) to evaluate J and F for the comparison of heat exchanger surfaces. As the performance variables do not depend on dimensions,
they evaluated various surface geometries and plotted the performance characteristics of those
characterized with a strong variation in j and f. They further introduced the flow length between
the major boundary-layer disturbance lfl divided by hydraulic diameter dh, instead of surface
types, as a geometric parameter to present the data in a single plot and compared their performances. In this way they could directly show the trend of higher performance of heat transfer surface towards smaller l fl / d h for the same pumping power and stressed once again the efficiency
of boundary-layer interruption as a heat transfer enhancement method. Further, they suggested
that in such a diagram all possible heat transfer surfaces could be plotted and the performance of
new surface geometries can be fairly predicted if the value of the ratio l fl / d h can be established.
However, they pointed out that the method is valid for the turbulent flow regime where much
more orderly behavior of data for j and f could be presented by a constant slope coefficient of
the performance line. Further, the method provides only an approximate comparison of heat
exchanger surface geometries as it does not account for the fin efficiency, fin thickness, gaps
between successive elements in a row, etc. LaHaye et al. (1974) suggested that such effects
could be included by refining the definition of l fl / d h , but the practical achievement which
could be atained would probably be disappointingly small compared with the effort invested.
Furthermore, the method of LaHaye et al. (1974), like the London and Ferguson (1949) method,
does not account for the influence of driving temperature difference on the relative performance
of a given heat exchanger surface. Hence both methods should be applicable only if the tem-
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perature difference between heat transfer surface area and the fluid do not change for the surfaces under comparison. However, such conditions usually do not prevail in practical heat exchanger applications.
In a subsequent paper, Soland et al. (1978) developed a practical method for the comparison of
heat exchanger surfaces. They compared the performances for a fixed flow rate, hot fluid inlet
temperature and cold fluid inlet temperature. The key of the method lies in conversion of j and f
factors of an extended surface to similar factors based on the bare surface area of the enhanced
surface of the heat exchanger, which is same as the area of an imagined heat exchanger surface
with no fins. Further, Re is derived based on the open area as though the fins were not present,
using a definition similar to that given in Eq. (4.3). In order to avoid confusion, Soland et al.
(1978) assigned the subscript n to their parameters. Following the procedure described in detail
in their paper, the authors derived jn, fn, Ren, dn and used these to present the heat exchanger data
from Kays and London (1964) in the following form:
⎛ f n Ren
j n Ren
⎜
=
function
⎜ d2
d n2
n
⎝

⎞
⎟
⎟
⎠

(4.6)

The authors used Eq. (4.6) for performance assessment, because the variable groups appearing
in that relation are directly proportional to the number of heat transfer units (NTU) as a measure
of heat transfer ability and the fluid pumping power (E):
j Re
NTU
≈ n 2n
V
dn

(4.7)

E f n Ren
≈
V
d n4

(4.8)

where V denotes the heat exchanger volume.
Hence Soland et al. (1978) basically compared the number of heat transfer units versus the
pumping power per unit heat exchanger volume of different plate-fin surfaces including surfaces
with sand grain roughness. The method of Soland et al. (1978) does not require a constant temperature difference between the wall and the fluid, which is a substantial advantage compared
with previously discussed methods. Furthermore, the definitions used by the authors are simple
and can be easily derived with the same accuracy as the authors did, whereas the definitions
used by London and Ferguson (1949) cannot be derived exactly without the additional information regarding the data reduction procedure, which often are not provided in details. Further, the
method allows the comparison of the surfaces with turbulent promoters and roughness, whereas
the other comparison methods normally do not allow such a comparison as these methods are
based on the total heat transfer surface area (wetted area), and this cannot be exactly predicted
for rough surfaces.
Parallel to Soland et al. (1978), Shah (1978) presented a study of about 30 different heat exchanger comparison strategies. He discussed, compared and assessed methods mainly based on
their simplicity, pointing out that no heat transfer surface can be best for all applications. Hence
he claimed that no fine calculations are needed for the heat exchanger surface comparison. Nev-
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ertheless in the next sections, it is shown that selection procedure of modern heat exchangers
cannot rely on approximate performance assessment methods. By employing the total efficiency
of extended surfaceη t , Shah (1978) adopted the recommendation of Kays and London (1950b)
to develop a “volume goodness factor” which compares the heat transfer per unit heat exchanger
volume and unit temperature difference η t hβ versus pumping power per unit heat exchanger
volume eβ at some standard fluid properties. The relationships between the performance variables of this method and the heat exchanger characteristics j and f are as follows:

η t hβ =
eβ =

cpµ

Pr

2/3

ηt

4σ
jRe
d h2

µ 3 4σ
fRe 3
2 ρ 2 d h4

(4.9)

(4.10)

where β denotes the heat exchanger compactness (heat transfer surface area per unit heat exchanger volume) and σ the ratio of free flow area to the frontal area of the heat exchanger side
under consideration. From the view point of compactness, a high plot of η t hβ versus eβ will
characterize the surface of better performance. In the case with no system or manufacturing restrictions, Shah (1978) suggested the use of the London and Ferguson (1949) method, whereas
for the comparison of heat exchanger surfaces as they are, he suggested the use of the adopted
method of Kays and London (1950b) (Eqs. 4.9 and 4.10).
Some papers also discuss the PEC for a particular class of heat exchangers, e.g., Webb (1980)
made a comprehensive study of PEC for the application in single-phase heat transfer in tube
flows. The author provides a detailed procedure based on the main objectives, namely reduced
heat exchanger material, increased heat transfer rate, reduced driving temperature difference and
reduced pumping power to select the optimal surface.
More recently, Cowell (1990) presented a general comparison procedure for the heat transfer
surfaces used in compact heat exchangers. He developed a detailed method comprising almost
all previously given methods and showed that this can be used for a wide range of heat transfer
surfaces. However, as the author suggests, the method has only an indicative character which
offers to the user simple procedures for the preliminary selection of a heat transfer surfaces.
Similarly to the previously described methods, Cowell (1990) also used the Colburn factor j
given by Kays and London (1950b) to compare surfaces based on different objectives and restrictions.
Compact and efficient heat transfer surfaces are usually associated with manufacturing and design difficulties. Hence the potential user usually needs to know as exactly as possible the relative performance of the proposed heat transfer surfaces in order to asses the final benefit. Owing
to their indicative and general character, the comparison methods described in this section cannot satisfy these requirements. Most of such methods represent an adaptation of the Colburn
(1942) method, which according to Colburn may be used only for qualitative comparisons.
Hence one of the objectives of the present work was the development and application of heat
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transfer surface comparison methods which are simple, accurate and suitable for the selection of
modern heat exchangers.

4.3 Approximate Comparison of Pin Fin Heat Exchanger versus
Smooth Pipe Heat Exchanger
The first step in selecting a heat exchanger is to define its shape and working fluids. Usually
both of these are governed by the specific application, e.g., the gas-liquid plate fin heat exchangers and tube fin heat exchangers have been established in the automobile industry and in
air conditioning units, whereas the shell and tube heat exchangers have found wide applications
in power plants and the chemical industry. There is no benefit from a complex comparison
method which allows the comparison of heat exchangers for all possible applications but which
does not offer the required accuracy for the relative performance of a heat exchanger for a particular application. The complexity and accuracy of some of the PEC presented in Section 4.2
are discussed below based on the performance comparison of the tested pin fin heat exchanger
with the geometrically similar smooth pipe heat exchanger. The most widely used methods for
comparison purposes were found to be the method of London and Ferguson (1949) and the
adapted method of Kays and London (1950b) and therefore these were selected in the present
work to demonstrate the limited possibilities of the approximate methods for the selection of
heat exchangers. Additionally the calculations were performed also based on the method of Soland et al. (1978), as this has some similarities to the method proposed in the present work.
For the comparison of heat exchanger surfaces, London and Ferguson (1949) derived Eqs. (4.1)
and (4.2) to apply their heat exchanger data presented in the dimensionless form by using factors
j and f. However, for the heat exchanger analyzed in the present work, the data were obtained
both experimentally and analytically (Sahiti et al., 2005a) and therefore the performance comparison based on the London and Ferguson method was performed by direct comparison of the
heat transfer coefficient and the required pumping power.

4.3.1 Heat Transfer Coefficient as Performance Variable
Traditionally the heat transfer coefficient h is based on the total heat transfer surface area and
this is valid also for h given in Eq. (4.1). Nevertheless, the determination of h based on the area
the bare surface (surface free from fins) brings out practical advantages, e.g., the determination
of the area of total heat transfer surface extended by pins or in the case of matrix heat exchangers might be quite complicated and result in inaccuracy. Moreover, as long as the channel crosssection does not change, the heat exchanger data plotted in terms of bare surface area normalized heat transfer coefficient (hb) and the bare surface area normalized pumping power (eb) also
allow the comparison of geometries with different hydraulic diameters (Eq. 3) and different fin
efficiencies. By the multiplication of hb and eb with the ratio of the area used for normalization
to the heat exchanger volume, one can obtain the volume normalized parameters hv and ev which
can be used for the similar comparison criteria as was proposed by Kays and London (1950b)
and adopted by Shah (1978) (Eqs. 4.9 and 4.10). As long as the cross-section of the heat exchanger under comparison does not change, the comparison of the volume normalized parameters would result in the same performance as would be obtained by the use of hb and eb. If the
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cross-flow section of the heat exchanger under comparison is not the same, the performance
characterization should be made based on hv and ev as the area normalized parameters would
lead to erroneous conclusions. This is because different cross-flow sections are associated with
different fin lengths and for the same fin cross-sections hb is always higher for the bare area extended with longer fins. However, the volume-based heat transfer hv will show different behaviour as the fin length and heat flux do not follow a linear relationship.
The volume of heat exchangers under comparison in the present work is the same and hence the
performance comparisons were made for the bare surface area normalized parameters hb and eb
(Sahiti et al., 2005a).
In order to obtain hb, one should express the total heat transfer through a finned surface Q& t as the
sum of the heat transfer through the base of the fins Q& bf and the part of the heat transfer through
the unfinned portion of the base surface Q& uf . The heat transfer through the unfinned portion can
be determined by applying Newton’s law of cooling,
Q& uf = huf Auf (Tuf − Tmf )

(4.11)

where huf denotes the heat transfer coefficient of the unfinned surface, Auf the area of the unfinned surface portion, Tuf the temperature of the un-finned portion and Tmf the mean fluid
temperature (usually bulk mean temperature for confined flows and free-stream temperature for
external flows).
The heat transfer through the base of the fins can be determined with the relation
⎛ ∂T ⎞
Q& bf = − k s Abf ⎜
⎟
⎝ ∂n ⎠n =0

(4.12)

where k s denotes the thermal conductivity of the fin material (solid), Abf the area of the surface
occupied by base of the fins, ( ∂T / ∂n ) n =0 the temperature gradient at the base of the fins and n
the direction of heat transfer.
The heat transfer portion through the base of the fins can be expressed also in terms of fin efficiency η (see also Section 2.2):
Q& bf = ηh f A f ( Tbf − Tmf )

(4.13)

where hf is the heat transfer coefficient of fins, Af the surface fin area in contact with the fluid
and Tbf the temperature of the fin base.
The total heat transferred through the finned surface can be expressed as a product of bare surface area normalized heat transfer coefficient hb, the bare surface area Ab and the temperature
difference (Tb − Tmf ) where Tb is the temperature of the bare surface which is assumed to be
equal to Tuf and Tbf. By equalizing of such a product with the sum of the terms given by Eqs.
(4.11) and (4.13), one can derive the final expression for the heat transfer coefficient normalized
to the bare surface area (Elsner et al., 1993):
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Auf

hb = huf

Ab

+ ηh f

Af

(4.14)

Ab

Eq. (4.14) can be used to calculate the heat transfer normalized to the bare surface area for all
kinds of heat exchanger surface geometries. However, the comparison of heat exchangers in the
present work was performed based on the experimentally determined values of hb for a pin fin
heat exchanger and the analytically determined values of hb for a smooth pipe. The evaluation of
the pumping power normalized to the bare area eb was also done in the same way. In general Eq.
(4.2) should be used if the friction factor f for particular heat transfer surfaces is available and
then by multiplying with the factor At / Ab the pumping power to be normalized to the area of
the bare surface Ab instead to the total heat transfer surface At . Such a mathematical operation

2
Heat transfer coefficient hb ( W/m )

has to be performed because in the literature the friction factor is usually related to the total heat
transfer surface area. A logarithmic scale was selected to present in the same diagram (Fig. 4.1)
the performance parameters that differ considerably.
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Fig. 4.1 Heat transfer coefficient vs. power input of the investigated heat exchanger.

Fig. 4.1 shows that for the same specific power input, the pin fin heat exchanger provided a
much higher heat transfer rate per unit temperature difference than the smooth heat exchanger.
Nevertheless, from the presented curves a quantitative comparison is not possible as these do not
match for the constant values of eb, owing to much lower pressure drop in the smooth pipe heat
exchanger for the same Re. In order to assess quantitatively the heat exchanger factors, the pressure drop of a smooth pipe was calculated also for higher Re than those obtained during the present experiments and the these results are presented in Fig. 4.2 using a linear scale.
Fig. 4.2 clearly shows the major advantage of pin fins as far as the heat flux rates for the same
temperature difference and same pumping power are concerned. It was found that the ratio of
the heat transfer for a pin fin heat exchanger (hb , pin ) to that for a smooth pipe heat exchanger
(hb , smooth ) for the same pumping power is in the range hb , pin / hb , smooth = 23 − 30 . Higher values of
the ratio are obtained for lower values of eb.
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Fig. 4.2 Performance comparison of heat exchangers based on the
Kays and London (1950b) adapted method.

4.3.2 Number of Heat Transfer Units as Performance Variable
As already mentioned, the comparison of heat exchanger performance was done also by using
the method of Soland et al. (1978). The key parameter in that method is the NTU factor defined
as

NTU =

UA
Cmin

(4.15)

where U is the overall heat transfer coefficient, A the heat transfer surface area upon which U is
based and C min = (m& c p ) min the minimal heat capacity rate (Lienhard, 1981).
It was already emphasized in Section 4.1 that the PEC take into account only one side of the
heat exchanger surface, assuming the heat transfer resistance of the other side to be negligible.
The error in the performance assessment introduced by such an assumption has been found to be
within ~ 5%. Furthermore, the thermal resistance of the wall separating fluids in the heat exchanger was considered small owing to thin and high thermal conductivity wall materials (usually aluminum or copper). A further simplification was the assumption of perfectly conductive
fins ( η = 1 ). Hence, Soland et al. (1978) used an approximate form of NTU:
NTU =

hA
& p
mc

(4.16)

& p the heat capacity rate of the fluid on the
where h denotes the heat transfer coefficient and mc
side under consideration. They derived Eq. (4.16) by expressing h in term of Colburn factor j.
Eq. (4.16) would be an exact expression of NTU for a heat exchanger with uniform wall temperature, e.g., single-phase flow in the side under consideration and two-phase flow in the opposite side (condensation or evaporation). The use of an approximate form of NTU for comparison
of heat exchanger surfaces for which j and f factors are available is a reasonable choice, as the
evaluation of the exact NTU requires the arbitrary assumption of fluid type, fluid flow rate, fluid
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inlet temperature and channel flow geometry of the side not considered and the gain in the accuracy (~ 5%) would not be worth effort required. However, the performance comparison of the
present heat exchanger was carried out based on the exact NTU values, as all required data were
available (Fig. 4.3).
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Fig. 4.3 Heat exchanger performance graph after the Soland et al. (1978) method.

Note that for comparison purposes, Re and hence the mass flow rate for the smooth pipe heat
exchanger was increased, although the Soland et al. (1978) method requires the same flow rates
for both heat exchangers. Note also that the exact NTU/V factor decreases with increase in
pumping power, whereas by determination of NTU/V from Eq. (4.7) the opposite behaviour
would result. This is because Soland et al. (1978) cancelled the mass flow rate m& (the same for
both heat exchangers) and this results in a change in the behaviour of heat transfer units with
pumping power. As far as the relative merits of the heat exchanger surfaces are concerned, it
was found that (NTU/V)pin/(NTU/V)smooth = 3-9 over the same range of ev, whereas higher values
were obtained for lower values of ev.

4.4 Consistent Comparison of Pin Fin Heat Exchanger versus
Smooth Pipe Heat Exchanger
The basis of the method developed by Soland et al. [8] for the performance evaluation criteria
by employing NTU was the exponential relationship of NTU with heat exchanger efficiency ε ,
which for the simplified case of fluid flow through heat exchanger channels with uniform temperature follows the relationship

ε = 1 − e − NTU

(4.17)

Otherwise, the efficiency usually follows a direct relationship to the heat transfer rate:
Q& = ε (m& c p ) min (Th ,in − Tc ,in )

(4.18)

Hence Soland et al. (1978) concluded that higher NTU means higher ε and therefore higher heat
rates (Eq. 4.18) and therefore one can use the number of transfer units to characterize the heat
exchanger performance. However, as NTU and ε do not have a linear relationship, the performance assessment by the Soland et al. (1978) method would result in an approximate comparison
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of the heat exchanger configurations. Further, Eq. (4.18) represents the efficiency of a special
case of heat exchangers, whereas for common heat exchangers the form of Eq. (4.16) and hence
that of Eq. (4.17) is much more complicated.
The behaviour of present heat exchanger efficiency versus the number of heat transfer units is
plotted in Fig. 4.4, which indicates that for NTU > 1 quite a small increase in ε can be obtained
and thus in these regions the Soland et al. (1978) method might result in significant errors.
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Fig.4.4 Efficiency versus number of heat transfer units for the present heat exchanger.

Such errors might particularly be critical for modern heat exchangers where the performance
improvement possibilities are quite limited. Hence, the selection of heat exchangers based on the
approximate methods will result in heat exchangers that might not meet the required performance objectives under the operating conditions. From the viewpoint of the accuracy, a direct plot
of ε against the pumping power would result in the exact assessment of heat exchanger performance. However, the present author suggestes a physically more meaningful direct plot of the
heat transfer rate (Eq. 4.18) per unit volume q& v versus the required pumping power per unit heat
exchanger volume ev (Fig. 4.5).
If heat exchangers have the same volume and same height of the channels containing the fins
than instead of the unit volume, the utilization of bare surface area for the normalizing of the
heat exchanger parameters, may be preferred without losing accuracy. However, the scale of
such a performance diagram will differ from a diagram containing volume normalized parameters.
The basic advantages of the use of the heat exchanger performance diagram presented in the
present work are: (1) accuracy in the performance assessment, (2) no volume or surface geometry constraints, (3) no need to convert the data into j (or h) and f factors as far as the performance
of the heat exchanger is concerned, and (4) the same units for the performance parameters according to their similar physical basis. The diagram allows performance comparisons of heat
transfer surfaces with similar constraints to those proposed by Soland et al. (1978), e.g.
a) Same heat exchanger volume and pumping power,
b) Same pumping power and heat transfer rate.
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q& v = Q& / V (kW/m³)

Note that instead of the heat transfer rate in b), Soland et al. (1978) used the number of heat
transfer units as a constraint.
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Fig. 4.5 Heat exchanger performance diagram based on heat transfer rate versus
pumping power input per unit heat exchanger volume.

The performance comparison of newly developed heat transfer surfaces with any of the existing
surfaces should be performed by plotting of q& v versus ev for the following operating and design
constraints:

•

same mass flow rate,

•

same inlet temperature of the hot fluid stream,

•

same inlet temperature of the cold fluid stream,

•

same heat exchanger flow length.

The performance comparison by a plot of q& v versus ev for the specified constraints would allow
the selection of the heat transfer surface with the highest performance, because in such case the
performance depends only on the geometric characteristics of the surface. Namely the heat
transfer rate calculated from Eq. (4.18), provided that specified constraints are satisfied, depends
only on the value of the heat exchanger efficiency ε , which on the other hand for constant fluid
velocities depends only on the geometric characteristics of the heat transfer surface. Since the
operating point of the higher performance surface (point b, Fig. 4.5) is usually obtained for
lower velocities compared to those of the operating point of lower performance surface (point 1,
Fig. 4.5), the operating constraint about the same mass flow rate can be provided by increasing
of cross sectional area of the higher performance surface. The predicted smaller volume of the
heat exchanger containing the better performing heat transfer surface can be obtained after the
comparison is finished by reducing of the heat exchanger flow length.
A similar diagram can be obtained by a plot of q& v and ev without any constraints regarding the
mass flow rate, inlet temperatures of the fluid streams and the heat exchanger volume. In such a
case, one compares the performance of the entire heat exchanger in the actual state and not only
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of their heat transfer surfaces. For the development of new heat transfer surfaces, this kind of
comparison is not suitable as it does not offer an answer to the question of whether the eventual
improvement in the performance results from the newly developed surface or from different
inlet fluid stream temperatures or from different flow rates used to drive the heat exchangers
under comparison.
However, the performance of the present pin fin heat exchanger versus the smooth pipe heat
exchanger was measured without any constraint regarding the mass flow rate (Fig. 4.5). This is
related to the large difference in the performance of the heat transfer surfaces of such heat exchangers, which results in performance curves that are shifted significantly from each other.
Such a shift prevents the required performance comparisons by use of the heat exchanger performance plot.
The performance comparison of heat exchangers for the same volume and same pumping power
can be easily carried out by evaluating the ratio q& v , pin / q& v , smooth , which is basically the same as
Q& v , pin / Q& v , smooth (because of the same volume) for the curve points connected with the line of the

same pumping power. This case is illustrated in Fig. 4.5 by the line connecting points 1 and a,
which may lie everywhere else on the curve. The evaluated ratio versus Re of the smooth heat
exchanger is plotted in Fig. 4.6. From the friction factor plot in the previous section, one can
conclude that the pressure drop in the pin fin heat exchanger was much higher than that in the
smooth pipe. Hence the same amount of power input for the pin fin heat exchanger compared
with that of the smooth pipe heat exchanger was obtained for smaller Re and hence also for
smaller flow rates. Similar behaviour can be expected also for other high-performance surfaces
which usually are characterized with higher pressure drop compared with lower performance
surfaces. Requirements for a high performance heat exchanger with higher heat transfer rate but
with the same pressure drop, same volume and same shape as that of a lower performance heat
exchanger, might result in a practical disadvantage of the higher performance heat exchanger.
This is because such goals can be achieved only with a lower flow rate of the high-performance
heat exchanger. Otherwise in some applications the volume flow rates of the heat exchanger are
fixed, e.g., in air conditioning systems, where the thermal comfort requires a certain amount of
air with fixed or variable temperature and relative humidity parameters. For such applications, in
order to obtain the required flow rate without an increase in pressure drop and without changing
the heat exchanger volume, one changes the shape of the high-performance heat exchanger by
increasing the frontal flow area and reducing the heat exchanger length. In this way, one obtains
the shapes characteristic for high-performance heat exchangers such as in automobiles, units of
air conditioning system and elsewhere where liquid-gas heat exchangers are utilized. Although
the performance curve of the high-performance heat exchanger with the new shape will differ
from the initial one, the relative performance of the new heat exchanger will be even higher
compared with the performance of the previous one. This is because by reducing the flow length
the heat transfer rate will decrease slowly than the pressure drop.
The performance evaluation of heat exchangers with the same volume and same shape (but different flow rates) resulted in Q&
/ Q&
= 3 − 4.7 (Fig. 4.6). This means that for the same
v , pin

v , smooth

pumping power in the region of lower Re (NTU>1) the pin fin heat exchanger would be able to

4 Selection Strategy of Elements for Heat Transfer Enhancement

46

transfer up to 4.7 times more heat, whereas based on the Soland et al. (1978) method one might
conclude that the pin fin heat exchanger would provide up to 9 times higher heat transfer rates.
Note that the Kays and London (1950b) adapted method resulted in up to 30 times higher heat
transfer rates for the pin fin heat exchanger.

Q& v , pin / Q& v , smooth

5.0
4.5
4.0
3.5
3.0
2.5
20000

40000

60000

80000

100000

120000

140000

Re
Fig. 4.6 Heat transfer rate ratio versus the smooth pipe Re.

The comparison of heat exchanger performance for the same pumping power and same heat
transfer rate represents basically the comparison of the heat exchanger volume for the same
duty. This comparison method results in a straight line having a slope of Q& / E and passing
v

v

through the origin, since the constraints are constant Q& v and Ev and hence both axes in Fig. 4.5
are inversely proportional to the heat exchanger volume. The relative size of the heat exchanger
volume can be obtained by comparison of either the ordinates or the abscissas of the curve
points connected with the lines of slope Q& / E and will result in a smaller volume for a surface
v

v

with higher lying curve in the performance diagram, e.g., the performance comparison of the
present heat exchanger for curve points 1 and b resulted in the volume of the pin heat exchanger
being 0.23 times the volume occupied by the smooth heat exchanger. Nevertheless, this volume
ratio is achieved for much smaller Re and hence also for smaller flow rate of the pin fin heat
exchanger compared with the smooth one. In order to meet the requirement for the same mass
flow rate, the form of the volume of the pin fin heat exchanger has to be changed accordingly. In
the present case, a volume of the pin fin heat exchanger with larger frontal area and shorter flow
length compared with the initial form will be obtained. Similar volume form changes will be
required also for other heat transfer surfaces which are characterized by heat transfer and pressure drop characteristics the same as those of lower performance surfaces but by lower Re.

4.5 Consistent Comparison of Heat Exchanger Surfaces with
Known Characteristics
The heat exchanger performance plot (Fig. 4.5) was obtained by directly plotting experimentally
and analytically estimated heat transfer rates and pressure drop (pumping power). Similar diagrams can be plotted also for heat exchanger surfaces for which data in the form of j (or h) and f
are available. The most comprehensive study of various heat exchanger surfaces was carried out

4.5 Consistent Comparison of Heat Exchanger Surfaces with Known Characteristics

47

by Kays and London (1964). The comparison of a single air channel comprising some of their
surfaces presented in a reprinted edition of their book (Kays and London, 1998) was performed
by assuming condensing steam channels on the other side. The width of the air channels was
assumed to be 200 mm and the length in the flow direction 30 mm. Fig. 4.5 can be applied also
for heat exchangers having different volumes and this fact was used to compare channels with
different heights. The performance curves were derived for:

•

the same inlet air temperature (ta,in = 20 °C),

•

the same fluid inlet temperature on the other side (condensing steam = 100 °C).

•

the same flow length (l = 30 mm)

If one wants to compare the heat transfer surfaces for the same pumping power and same heat
exchanger volume, then the constraints of the same mass flow rate have to be full field. The
same is true also in the case when one wants to compare the volume occupied by heat transfer
surfaces for the same heat transfer rate and same pumping power. As already mentioned in the
previous section, the fulfilment of the constraints for same mass flow rate requires a corresponding change of the shape of the heat exchanger volume.
The surface Colburn factor j was used to derive the heat transfer coefficient on the air side:

h=

µc p Re
d h Pr 2 / 3

j

(4.19)

where the values of dynamic viscosity µ , thermal capacity c p and Pr were taken from VDI Atlass for 20 °C.
As h is based on the total heat transfer surface area, the following expression was used to convert it to the bare plate coefficient:

hb = hβ

b
2

(4.20)

where β = A / V denotes the heat exchanger compactness (density of heat transfer surface area
A), V the volume between the plates on the side under consideration and b the distance between
the plates of the heat exchanger (the air channel height).
The overall heat transfer coefficient, neglecting the thermal resistance on the steam side and of
the wall separating fluids, takes the form
U = η t hb

(4.21)

where ηt denotes the total efficiency of the extended surface. Hence by taking into account two
plates transferring heat in flowing air, the following relationship results for the number of heat
transfer units:
NTU =

U (2 Ab )
mc p

(4.22)
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The derived NTU is used to calculated the heat exchanger efficiency ε based on Eq. (4.17). For
the evaluation of heat transfer rate Q& from Eq. (4.18), the mass flow rate of the air is required.
By data manipulation similar to that used by Soland et al. (1978), the following relationship for
mass flow rate through the free frontal area (area obtained by ignoring the presence of heat
transfer surfaces) could be derived:
1
m& fr = νβ Re A fr
4

(4.23)

where ν is the kinematic viscosity of the air.
Hence, the heat transfer rate per unit heat exchanger volume was calculated using the Eq.4.24:
q& v =

ερνβ Re c p (Tw − Ta ,in )

(4.24)

4l

where l denotes the air channel length (=30 mm) and Tw the wall temperature of the air channel
which was considered to be same with the temperature of the condensing steam (=100 °C).
The required pumping power per unit volume could be directly calculated by using of the parameters available in the Kays and London (1998) book (Shah and Sekulic, 2003):
Re 3 µ 3
ev = β
f
2 ρ 2 d h3

(4.25)

In addition to the Kays and London (1998) data, the characteristics of an in-line pin fin heat
transfer surfaces are presented in the heat exchanger performance plot in Fig. 4.7.
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Fig. 4.7 Performance plot of plate and pin fin heat transfer surfaces.

For comparison purposes, an in-line pin fin arrangement according to Fig. 4.8 was used. The pin
length ( l p = 7 mm ) was chosen to be the of the order of the length of fins for surfaces from
Kays and London (1998).
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Fig. 4.8 Pin fin arrangement used for comparison with the Kays and London (1998).

According to Zukauskass (1987), the flow over tube banks with Re < 1000 can be considered
laminar. Similar flow conditions may be assumed to be valid also for pin fins with large pin
length to pin diameter ratio as in present work. For free stream air velocities u ∞ = 2-16 m/s,
which corresponds to the range of free stream velocities used by Kays and London (1998), the
Re of the flow over pins with the arrangement presented in Fig. 4.8 takes values between 100
and 800. The thermal and fluid dynamic similarity of the flow over tube banks and over pin fins
would allow the use of empirical equations developed for convective heat transfer from tube
banks. However, an extensive search of the literature revealed that there is no empirical correlation which can be used for the evaluation of heat transfer and pressure drop from the current
arrangement of pin fins for laminar flow conditions. Hence the heat transfer and pressure drop
characteristics of a hypothetical heat transfer surface with pin fins having an arrangement like
that in Fig. 4.8 were derived from equations for Nu and Eu obtained numerically (Chapter 6,
Eqs. 6.11 and 6.12).
The performance plot (Fig. 4.7) shows that the pin fin heat transfer surface investigated by Kays
and London performs worse than all other kinds of fins. This is because that pin fin arrangement
was characterized with large streamwise and transverse pin spacing (= 3.125 mm) and because
the pin diameter ( ~1 mm)was much larger than the thickness of other fins (~0.1 mm). Similar
reasons led to a performance of the chosen louvered fins (1/4-11.1) which is below the performance of other fins. Otherwise the current pin arrangement (Fig. 4.8) with dimensions and compactness close to those of high-performing fins performs better than all other fin geometries.

4.6 Discussion of Results and Final Remarks
The advantages of large heat transfer and pressure data banks from various heat exchangers investigated in the past can be utilized only if suitable techniques to allow accurate comparison of
the performances of their heat transfer surfaces exist. Only then one can select the heat exchanger surface according to the intended application with the required confidence that the predicted performance will match the heat exchanger characteristics under the operating conditions.
In the present work, a literature survey was carried out of the methods used for the comparison
of heat exchanger performances and it was found that these methods basically plot the heat exchanger data in terms of Colburn factor j or heat transfer coefficient h versus input pumping
power. It has been shown here that such methods either take into account less heat exchanger
performance variables or are limited to a particular surface geometry. Although the volume
goodness factor adapted by Shah (1978) based on Kays and London’s (1958) suggestion does
not depend on hydraulic diameter, it cannot be used for all possible heat exchanger geometries
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unless the heat transfer coefficient is normalized to the bare plate surface area, as suggested in
the present work. In general, all listed methods were found to be limited as they assume a constant driving temperature potential for heat transfer from surfaces with different heat transfer
enhancement elements. An exception is the Soland et al. (1978) method, as instead of heat transfer coefficient as heat exchanger performance variable it uses the number of heat transfer units.
However, the Soland et al. (1978) method also offers only an approximate comparison, as it
does not account for the non-linear relationship between the heat transfer rate and number of
heat transfer units. The accuracy of these methods was tested by the comparison of the performance of an experimentally tested pin fin heat exchanger with that of a smooth pipe heat exchanger evaluated analytically. It was found that all methods proposed in the past over-predict
the performance of heat exchangers. This might be critical during the selection procedure of
modern heat exchangers as quite small difference in the performance of such heat exchangers
can be expected. The selection procedure for high-performance heat exchangers should be more
sophisticated in order to realize their differences accurately.
Therefore, in the present work, a direct comparison of heat transfer rate and pumping power per
unit heat exchanger volume as a more accurate method for the selection of modern heat transfer
surfaces was performed. The method allows performance comparison of heat exchangers employing new heat transfer surfaces without the need for data conversion into h and f. The present
work demonstrated that the method can be successfully applied for the selection of heat exchanger surfaces based on the data available in the literature. The method is not limited to a particular extended surface geometry or heat exchanger volume as long as the inlet fluid temperatures, mass flow rate and heat exchanger flow length are kept constant. All constraints of the
proposed method are parameters that ensure a fair comparison of heat transfer surfaces.

Chapter 5
Numerical Investigations of the Influence of Pin Fin CrossSection on Heat Transfer and Pressure Drop
5.1 Introduction Notes
Major characteristics of the flow over pin fin arrays were described in Section 3.1 by basically
assuming the flow and heat transfer to be similar to the convective heat transfer over tube banks.
Although generally pin fins are characterized with higher pressure drop than other fin forms, by
appropriate selection of pin geometry and arrangement one can always show that pin fin performance is better than the performance of other heat transfer enhancement elements. In analogy
with drag reduction of bodies by streamlining of their shape, one might expect a reduction in
pressure drop also in pin fin arrays by proper selection of their cross-section. Numerous crosssections have been applied in the past but it is still not clear how the cross-section influences
their performance and which section would perform better than others. A systematic and detailed experimental analysis of pin cross-section particularly those with a streamline shape,
would be complicated, expensive and time consuming. Hence the use of powerful commercial
numerical codes offers an alternative tool to perform the same task. The numerical investigation
of the influence of pin fin cross-section and their arrangement on the final performance of pin
fin heat exchangers was the primary task of the work presented in this chapter. A further goal
was the implementation of the performance comparison method presented in Chapter 4 for the
performance assessment of the various pin cross-sections. To ensure that the conclusions based
on the performance assessment of various pin fin cross-sections are valid for a wide range of
applications, a large number of numerical simulations were performed. The derivation of basic
heat transfer and pressure drop correlations was a further task. Furthermore, one of the aims was
the investigation of pin row heat transfer characteristics and the ratio between pin fin heat transfer and heat transfer of the endwall (unpinned surface portion). The pin row heat transfer was
utilized to ensure the validity of the assumption that pin fin convective heat transfer resembles
the convective heat transfer over smooth tube banks. The ratio between pin fin heat transfer and
the heat transfer of the endwall is required to enable one to evaluate the heat transfer of a surface
with pin fin as elements for heat transfer enhancement. The calculations of this factor were
aimed to show how far the assumption of the equality of pin fin heat transfer and endwall heat
transfer (usually taken in most heat transfer text books) is reasonable for pin fin arrays.

5.2 Criteria Applied for Comparison
In order to provide a fair and physically meaningful basis for the performance comparison, appropriate geometric comparison criteria that provide similar model dimensions have to be selected. Furthermore, the thermal and fluid dynamic conditions and fluid properties have to be
similar in order to achieve the relative advantages of different pin fin cross-sections. Hence two
different geometric criteria were employed. The first comparison criterion (FCC) encompasses
the following constraints:
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•

Same hydraulic diameter dh,

•

Same coverage ratio ϕ ,

•

Same pin length lp.

The same hydraulic diameter is aimed to provide a comparison of pins with dimensions of the
same order of magnitude. A hydraulic diameter of ~2 mm was chosen, as this pin diameter is
commonly encountered in pin fin assemblies for cooling of electronic circuits and for the cooling of gas turbine blades. For application in air conditioning systems, a pin diameter of the order
of 0.5 mm could be required. However, the production of pins with various cross-sections with a
hydraulic diameter of the order of 0.5 mm would be complex and expensive. Hence, in the present work, pin cross-sections with more realistic dimensions (dh ≈ 2 mm) were investigated.
The coverage ratio ϕ represents the ratio between the pin fin cross-sectional area and surface
area of the bare plate. Approximate analytical analysis of the heat transfer from the plate covered by pin fins, presented in Chapter 2, shows that a value of ~5-10% of this ratio, results in
effective heat transfer from the plate. For the present numerical calculation a coverage ratio of
ϕ = 8% was chosen.
The same pin length as one of comparison constraints is aimed to offer similar pin surface area,
which directly influences the heat transfer rate. No optimal pin length which is valid for all flow
conditions and pin fin geometry can be given as it is a function of the heat transfer coefficient,
pin fin cross-section and pin material. For comparison of the characteristics of pin fins of various cross-section in the present work, a ratio lp/d = 10 for both comparison criteria was found to
be reasonable.
The second geometric criterion was selected from the viewpoint of the practical application of
heat sinks. The heat flux and the respective pressure drop of a heat sink and in general of every
heat exchanger depend directly on the population density of heat exchanger bare surfaces with
heat transfer elements. The population density for a given heat exchanger volume depends, on
the other hand, on the pin cross-section and on the inter-pin free space. Hence the area projected
in the flow direction or the flow blockage area and the distance between adjacent pins are some
of the important constraints. In order to provide a fair comparison basis taking into account the
available space and cross-sectional geometry of the pins, the following constraints were chosen
for the second comparison criteria (SCC):
•

Same blockage area,

•

Same distance between the pins,

•

Same pin length lp.

The simulation model was derived from a heat sink model comprising hot plates with constant
temperature, adiabatic sidewalls, adiabatic top wall, air as cold fluid and aluminium pin fin array
(Fig. 5.1).

5.3 Geometric Characteristics and Pin Fin Arrangement

53

Adiabatic top wall

Air

Adiabatic side wall
Aluminium pins
Hot plate

Fig. 5.1 Pin fin heat sink model for comparison purposes.

5.3 Geometric Characteristics and Pin Fin Arrangement
5.3.1 Pin Fin Cross-sections
The major task of the work presented in this section was the performance comparison of pin fins
having a NACA, a drop shape, a lancet, an elliptical, a circular and a square cross-section (Fig.
5. 2).
NACA

Dropform

Lancet

Elliptic
Elliptical

Circular

Square

Fig. 5.2 Cross-sections of pin fins selected for comparison.

The geometric characteristics of all profiles were derived corresponding to the comparison criteria given in the previous section. As reference profile for the derivation of the basic pin array
dimensions, the NACA symmetric profile described by the following relation (Jacobs, 1931;
Jacobs et. al. 1933) was chosen:
y=

t
(0.2969 x − 0.126 x − 0.3516 x 2 + 0.284 x 3 − 0.1015 x 4 )
0.2

(5.1)

where y denotes the ordinate of the profile, t the maximum profile thickness as a percentage of
the chord length, and x the abscissa representing the chord of the profile. In the present work,
the maximum profile thickness was chosen to be 2 mm. In order to conform to a NACA profile
with realistic manufacturing features, a thickness of 50% of chord length was chosen, which
leads to a chord or profile length of 4 mm. The geometric characteristics of other pin crosssections were derived based on the hydraulic diameter of the NACA profile and the constraints
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of the selected comparison criteria. The forms of the pin fin cross-section investigated in the
present work are shown in Fig. 5.2, whereas other geometric details are given in the next section.

5.3.2 Pin Fin Arrangement and Geometric Parameters
As previously mentioned, two major arrangements, namely staggered and in-line, of the pin fin
have been established in various industrial applications. Hence the comparison of pin fin crosssections in the present work was done for both of these arrangements.
The basic dimensions of the pins under comparison were derived following the chosen comparison criteria. It has been noted that the basic idea of introducing the first geometric comparison
criteria was comparison of the performances of various pin fin cross-sections under similar
thermal and fluid dynamic conditions. Such conditions would be satisfied if for all pin fin crosssections the same heat transfer surface area and the same hydraulic diameter are provided. By
assuming the pin length to be same for all configurations, the previous constraint parameter,
namely a similar heat transfer surface area of the pin fin arrays, is equivalent to the constraint of
the free flow volume. The similar hydraulic diameter is aimed to provide a similar basis for the
conduction of heat from the base plate into pins as this parameter greatly influences the heat
transfer from pins in the surrounding fluid. The geometric characteristics of the staggered pin fin
configuration were derived based on the unit comparison cells which were built for pins occupying staggered fictitious squares of same the dimensions (see Fig. 5.3).

a

P/2

A/2

b
Fig. 5.3 Representative unit cell form for the staggered arrangement
(A, pin base area; P, pin perimeter; a and b, length of unit cell sides).

The analysis based on a representative unit cell shows that the ratio of total heat transfer surface
area per unit bare surface area At / Ab is a function of the three parameters chosen for the FCC,
namely hydraulic diameter dh, coverage ratio ϕ and pin length lp:
Auf + Pl p
At
=
=
Ab
Ab

(1 − ϕ ) Ab +
Ab

4A
lp
dh

= (1 − ϕ ) +

4ϕl p
dh

(5.2)
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where At denotes the total heat transfer surface area, Ab the area of the bare surface and Auf the
unfinned (free) surface area of the base plate.
Hence in addition to the pin length and pin hydraulic diameter, the same coverage ratio is selected to be an additional constraint in FCC. The dimensions of all pin fin cross-sections of interest and corresponding unit cell for FCC are depicted in Fig. 5.4.
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Fig. 5.4 Dimensions of unit cells of staggered pin fin arrangement, according to FCC:
a) NACA, b) drop, c) lancet, d) elliptical, e) circular and f) square cross-section.

As already explained, the SCC was chosen based on some practical requirements, namely the
available space for location of pin fins in transversal flow direction. For the staggered arrangement one equilateral triangular arrangement was chosen. The minimal distance between the pins
sm was taken to be the same as the minimum distance between the NACA profiles in the transverse direction (Fig. 5.5):
s m = ST − t

(5.3)

where ST = 2 x 4.138 mm is the transverse distance between the pin with NACA cross-section,
and t = 2 mm is the pin thickness.
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sm

sm
Fig. 5.5 Sketch corresponding to SCC of staggered arrangement.

The dimensions of the unit cells derived corresponding to SCC are shown in Fig. 5.6.
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Fig. 5.6 Dimensions of unit cells of staggered pin fin arrangement, according to SCC: a)
NACA, b) drop, c) lancet, d) elliptical, e) circular, and f) square cross-section.

The derivation of the dimensions of the comparison models for the in-line arrangement was
simpler than in the case of the staggered arrangement. For the FCC, the dimensions were derived by moving the pins in the transverse direction to ensure that the centerline of pins in subsequent rows lies on the same axis. Hence all parameters, with the exception of the pin arrangement, are similar to those presented in Fig. 5.4.
The dimensions of the unit cell for SCC of the in-line arrangement were derived by providing
the same distance between them in the transverse direction and the streamwise direction (Fig.
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5.7) and by providing the same blockage area. Both of these parameters were taken to be same
as those used for the staggered arrangement.

sm

sm

Fig. 5.7 Sketch corresponding to SCC of in-line arrangement.

An example of the unit comparison cell for the in-line arrangement of drop-shaped cross-section
for FCC and SCC is given in Fig. 5.8.
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Fig. 5.8 Unit comparison cells for drop-shaped cross-section of
in-line arrangement: a) FCC and b) SCC.

5.4 Governing Equations, Computation Domain and Boundary
Conditions
All numerical codes developed to simulate various thermal and fluid flow problems involve discretization of the governing equations which are formulated to describe a given problem and the
solution of the resulting finite difference equations. For the simulation of convective heat transfer problems, the governing equations comprise the continuity equation, momentum equation
and thermal energy equation. The present computations are performed for a three-dimensional
laminar flow of air over a heated pin fin array. For the steady-state flow and steady state heat
transfer, for an incompressible fluid, the governing equations in the index notation take the following form:
-continuity equation:
∂ ( ρu i )
=0
∂xi

(5.4)
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-momentum equation:

ρu i

∂u j
∂xi

=−

∂p ∂τ ij
−
∂x j ∂xi

(5.5)

where for Newtonian fluids, the molecular-dependent momentum transport term, τ ij , is given
by:
⎛ ∂u i

τ ij = − µ ⎜⎜

⎝ ∂x j

+

∂u j ⎞ 2
⎟ + µδ ij ∂u k
∂xi ⎟⎠ 3
∂x k

(5.6)

-thermal energy equation:

ρc v u i

∂T f
∂xi

= kf

∂ 2T f
∂x

2
i

−p

∂u j
∂u i
− τ ij
∂xi
∂xi

(5.7)

where u i denotes the velocity components in the Cartesian coordinate system with its coordinates xi , T f denotes fluid temperature, p pressure and k f the thermal conductivity of the fluid.
Note that the thermal energy equation (5.7) is given in general form as it is solved in the present
numerical code (described in the next section), although the contribution of two last terms on the
ride-hand side, for the present computation, is negligible. The negligible terms are the terms
which account for reversible increase in the internal energy per unit volume of fluid element by
⎛ ∂u
compression ⎜⎜ p i
⎝ ∂xi

⎞
⎟⎟ and for the irreversible rate of converting mechanical energy into thermal
⎠

⎛ ∂u j ⎞
⎟⎟ .
energy due to the viscous dissipation ⎜⎜τ ij
⎝ ∂xi ⎠

The air was considered to behave like an ideal gas and hence the density was considered to be
dependent on air temperature and air pressure:

ρ = f (T , p)

(5.8)

The conjugate heat transfer from pin fin arrays implies the simultaneous solution of Eqs. (5.4) to
(5.8) and the solid energy equation, which reads
∂ 2 Ts
=0
∂xi2

(5.9)

The rapid increase in computer performance has been followed by continuous improvements of
various commercial numerical codes. Nevertheless, the actual computer performance and the
capabilities of the codes are far from sufficient to simulate serious problems of daily life, in
original size and form. Therefore, in order to predict reasonably the behaviour of various processes in industry and science, one tries to select a representative part of the physical problem and
employ appropriate boundary conditions which fit the specified problem. As already mentioned,
the flow over tube banks with more than 16 rows is considered to be fully developed and it
means that no further substantial changes in the flow and temperature field can be expected.
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Hence the heat transfer and pressure drop characteristics derived for the arrays with 16 rows are
valid also for pin arrays with larger pin numbers in the flow direction. This feature was used to
select the computation domain for the present simulations with 16 rows in the flow direction and
boundary conditions according to Fig. 5.9.

Fig. 5.9 Applied boundary conditions.

The computation domain having a width a, length l and height h, consists of pins defined as
solid and surrounding fluid. The flow developing inlet block for the FCC was taken to be 5dh
whereas the outlet block length was set equal to 15dh in order to avoid any influence of the
eventual back flow streams on the final results. For the SCC, the length of these blocks was set
equal to 5tp and 15 tp, respectively, where tp denotes the maximum pin thickness projected in the
flow direction. A combination of the inlet, outlet, wall and symmetry boundary conditions was
applied in the computation domain in order to represent reasonably the geometric and physical
characteristics of the flow with heat transfer through pin fin arrays.
A unidirectional uniform flow field, with a constant temperature, was assumed for the inlet section 1-8-16-9:
u (0, y, z ) = u in , v(0, y, z ) = 0 , w(0, y, z ) = 0 and T (0, y, z ) = Tin

(5.10)

The no slip condition and constant temperature were applied for the wall 1-4-5-8 except for the
inlet part 1-2-7-8 and outlet part 3-4-5-6, which were assumed to be adiabatic:
u ( x, y,0) = v( x, y,0) = w( x, y,0) = 0, and T ( x, y,0) = Tw (section 2-3-6-7)

(5.11)
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u ( x, y,0) = v( x, y,0) = w( x, y,0) = 0, and

∂T
∂z

= 0 (sections 1-2-7-8 and 3-4-5-6)

(5.12)

( x , y ,0)

The top wall 9-12-13-16 was considered to be adiabatic (Fig. 5.1), where the no slip condition
for the velocity components was applied:

u ( x, y, h) = v( x, y, h) = w( x, y, h) = 0, and

∂T
∂z

=0

(5.13)

( x, y ,h )

For sections 1-4-12-9 and 8-5-13-16, symmetry boundary conditions were applied:
∂u ∂w
=
∂y ∂y
∂u ∂w
=
∂y ∂y

= 0, v( x,0, z ) = 0 , and
x , 0, z

= 0,v( x, a, z ) = 0 , and
x,a , z

∂T
∂y

x , 0, z

∂T
∂y

x,a , z

= 0 (section 1-4-12-9)

(5.14)

= 0 (section 8-5-13-16)

(5.15)

In the outlet section 4-12-13-5, the variables were calculated by interpolation from upstream and
assumption of zero gradients in the flow direction:
∂u ∂v ∂w
∂T
=
=
= 0 , and
∂x ∂x ∂x l , y , z
∂x

=0

(5.16)

l , y,z

5.5 Computation Code, Numerical Mesh and Prediction Procedure
Solution of the governing equations presented in the previous section was achieved using the
commercial code STAR-CD (V3.24). This program uses the finite-volume approach whose basic feature is the integration of the governing equations over a control volume to yield the discretized equations. Hence the first step is the subdivision of the computational domain into a
finite number of control volumes. The method is locally conservative as it is based on a local
balance of fluxes in each control volume. The flexibility of the method for its application to different kinds of meshes (Ferzinger, 2002) makes this technique attractive for complex geometries. Although the geometry simulated in present work was not very complicated, prismatic
volumes were chosen to build the numerical mesh (Fig. 5.10) for a large number of simulation
cases (144 computation models) the generation of a structured grid would require an unjustifiable long time. The numerical mesh was created by the automatic mesh grid generator pro-am.
The mesh generation procedure consist of importing of CAD model and surface preparation
(triangulation) by pro-surf (program design to read, smooth CAD geometry and triangulate the
surfaces), exporting of database model (triangulated surface) and generation of volumes in the
computation domain by pro-am, and exporting of the computation model in PROSTAR, which
is the pre- and postprocessor for the numerical solver STAR.
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Fig. 5.10 Part of the numerical mesh for the NACA pin fin model.

The upwind differencing scheme was chosen for the differencing of governing equations
whereas the SIMPLE solution algorithm was used for their solution. As already mentioned, the
flow and temperature fields were considered to be steady state. The fluid was selected to be air
with constant specific heat and thermal conductivity.
Sutherland’s correlation (STAR-CD, 2004) was used for the molecular viscosity:
3

⎛ T ⎞ 2 273.15 + C s
µ =⎜
µ0
⎟
T + Cs
⎝ 273.15 ⎠

(5.17)

where µ 0 is the dynamic viscosity at 273.15 K and 101.325 kPa, C s the Sutherland constant and
T the absolute temperature. The solid part of the computation domain (pins) was considered to
be aluminium and its properties were considered to be constant.
The computations were alternately performed by adopting parallel processors on three highperformance computers: IA32/EM64T Cluster and SGI Altix 3700 (RRZE-Friedrich-AlexanderUniverität Erlangen) and HPC Cluster (Georg-Simon-Ohm Fachhochschule Nürnberg). The
average CPU time of 168 models (including models for validation purposes) was 5070 sec.
In the procedure for calculation of heat transfer from extended surfaces, it is common to take the
heat transfer coefficient of the unfinned base surface portion to be the same as that of the fins.
For some fin geometries (smooth fins or other fins with small fin length), this assumption is
quite reasonable. However, for pin fins with a large ratio of pin length to pin diameter, such an
assumption may lead to large errors in the result. Hence, in the present work, both the pin fin
heat transfer coefficient and unfinned surface heat transfer coefficient were determined.
The heat transfer coefficient of pins in the array was calculated based on the following relation:

hp =

1
Ap

∫q

p

dAp

Ap

∆Tlmp

(5.18)
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where q p denotes local heat flux from pin fin to the air, Ap the surface area of the pin in contact
with the fluid (wetted surface area) and ∆Tlmp the logarithmic temperature difference between
the pins and the air, which is calculated as
(T fpw − Tin ) − (Tlpw − Tout )
T fpw − Tin
ln
Tlpw − Tout

∆Tlmp =

(5.19)

where T fpw is the mean temperature of the first pin wall, Tlpw mean temperature of the last pin
wall, and Tin and Tout are inlet and outlet bulk fluid temperatures, respectively.
The heat transfer coefficient of unpinned surface was calculated in a similar way:

hup =

1
Aup

∫q

up

dAup

Auf

(5.20)

∆Tlm

All parameters in Eq. (5.20) with the exception of the logarithmic difference are similar to the
parameters of Eq. (5.18), but related to the unpinned surface area. The logarithmic temperature
difference ∆Tlm was calculated as

∆Tlm =

(Tw − Tin ) − (Tw − Tout )
T − Tin
ln w
Tw − Tout

(5.21)

where Tw denotes the wall temperature which was taken to be constant (= 343 K).
In order to simplify the calculation of the heat transfer from pin arrays, it is preferable to determine the overall heat transfer coefficient of the pin array normalized to the bare surface area
( hb ):

hb =

1
Ab

∫ q dA
b

Ab

∆Tlm

b

(5.22)

Again, the parameter notation is same as in Eqs. (5.18) and (5.20), but related to the bare surface
area. For the presentation of results in the dimensionless form, the corresponding Nusselt number ( Nu b ) was applied:
Nu b =

hb d h
kf

(5.23)

where dh is the hydraulic diameter of the pin cross-section and kf the fluid thermal conductivity.
The inlet and outlet bulk fluid temperatures appearing in Eqs. (5.19) and (5.21) are the temperatures at the beginning and end of the heat wall portion (Fig. 5.9). As the rest of the base wall was
considered adiabatic, these temperatures are equal to the inlet and outlet bulk temperatures of
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the computation domain, respectively. The inlet bulk temperature was considered constant for
all models (293 K) whereas the outlet bulk temperature was calculated as

∫ uTdA

out

Tout =

Aout

(5.24)

∫ udAout

Aout

where u denotes the velocity in the flow direction and Aout the outlet cross-section of the flow
domain.
A similar procedure to that described before was applied for the evaluation of the pin row Nusselt number ( Nu pr ). However, the inlet and outlet bulk temperatures in this case were evaluated
at sections before and after each pin row.
The pressure drop of the flow over an enhanced heat transfer surface represents the sum of entrance losses, core pressure drop and exit losses (Kays and London, 1964). All these components
should be accounted for in the exact determination of core pressure drop, which is the major
contributor to the total pressure drop. The core pressure drop contains two contributions: the
pressure drop owing to flow acceleration because of the fluid density change in the flow direction and pressure drop caused by the momentum loss. By applying the momentum balance in a
differential heat exchanger element, one obtains the term that describes the pressure change due
to flow acceleration (see Eq. 5.25) and the term that accounts for the momentum loss. The momentum loss term comprises both viscous shear and form drag effects and also losses due to
internal contraction and expansion if they are present in the core. The part of the pressure drop
only due to the flow acceleration is given by
⎛ 1
1
∆p acc = G 2 ⎜⎜
−
⎝ ρ out ρ in

⎞
⎟⎟
⎠

(5.25)

where G = ρ in u in = ρ out u out is the mass velocity, ρ in and ρ out the fluid density at the inlet and
outlet bulk fluid temperatures, respectively, and u in and u out the mean fluid flow velocity at the
inlet and outlet core sections, respectively.
The entrance and exit pressure losses contain the pressure changes as a consequence of abrupt
flow-area change alone and losses related to the separation and irreversible fluid mixing just
after the section change. Pressure changes due to flow section change at the inlet and outlet are
usually calculated for the ideal case of mechanical energy conservation and hence for similar
inlet and outlet sections of the heat exchanger; they differ only due to density change. On the
other hand, the irreversible losses in the abrupt section change usually are taken into account by
experimentally derived coefficients for contraction Kc and expansion Ke (Kays, 1950c) and are
add to the pressure changes due to the cross section change alone. Hence the pressure drop due
to the area change and irreversible losses is given by
∆p ach =

1
1
2
ρ in u in2 (1 − σ 2 + K c ) − ρ out u out
(1 − σ 2 − K e )
2
2

(5.26)
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where

σ=

ST − t p
ST

(5.27)

is the area change factor. The parameter ST denotes the transverse distance between two pins in
the same row and t p the maximum pin thickness projected in the flow direction.
The relative contribution of the above components to the total pressure drop is a function of the
surface geometry and flow conditions. As for similar heat exchanger surface geometries, entrance and exit pressure losses do not change; they may be used for all similar geometries once
they have been determined. The pressure drop changes for similar heat exchanger surfaces depends rather on the core pressure drop changes. Hence the exact determination of the core pressure drop of a heat transfer surface is a precondition for the determination of the pressure drop
of heat exchangers containing similar heat transfer surfaces but different flow lengths.
The core pressure drop ∆pc can be determined either by measuring the pressure difference between any two points in the core (Kays and London, 1954) or as the difference between the
total pressure drop ∆pt and the rest of pressure drop components (pressure drop due to area
change ∆pach and due to flow acceleration ∆pacc ). In the present work, second alternative was
chosen, as it would be practical in the case when one wants to determine this factor experimentally. For the flow over pins, the irreversible effect due to contraction and expansion takes place
in each pin row and the associated pressure losses are similar to those in the first and last pin
rows. Hence the pressure losses due to irreversible effects at the entrance and exit of pin fin arrays are already taken into consideration in the core friction pressure drop and therefore for the
flow over pin fins K c = K e = 0 .
By subtracting the pressure drop components given by Eqs. (5.25) and (5.26) from the total
pressure drop, one obtains a relation that can be used for the estimation of the core pressure drop
in the pin array:
⎛ 1
1 ⎡
1 ⎞⎤
⎟⎟⎥
∆p c = ∆pt − G 2 ⎢(1 + σ 2 )⎜⎜
−
2 ⎣
ρ
ρ
in ⎠ ⎦
⎝ out

(5.28)

The total pressure drop appearing in Eq. (5.28) was calculated as the difference between the
inlet and outlet pressure values. For an exact estimation of the core pressure drop ∆p c , the pressure losses due to fluid friction in developing inlet and outlet blocks of the computation domain
should be subtracted from the ride side of the Eq. 5.28. However, such losses in the present
work are minor compared with other pressure drop components and hence they are neglected.
The dimensionless pressure drop characteristics of the flow over pin fin arrays are customarily
presented using the Euler number Eu (Shah and Sekulic, 2003):

Eu =

2∆p c
ρ mf u m2 N

(5.29)
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where ρ mf fluid densities calculated for mean fluid temperature, u m he mean fluid velocity in
the flow direction at the minimum cross-section (section between the pins in spanwise direction)
and N is the number of pin rows.
For the performance assessment of the investigated pin fins, the heat exchanger performance
plot (Sahiti et al., 2005b) was used. As the length of all pins was taken to be same, the heat
transfer and the power input were related to unit bare surface area. Hence, the heat transfer per
unit bare surface area was calculated as
q&b =

Q& t
Ab

(5.30)

where Q& t is total heat transfer from bare wall into fluid. It was calculated as
Q& t = m& c p (Tout − Tin )

(5.31)

The power input per unit bare surface area was calculated from the expression
eb =

V&∆pt
ηAb

(5.32)

where V& denotes the volume flow rate of the fluid and η the fan efficiency (arbitrarily taken as
0.8).
Values of fluid density, specific heat capacity and fluid thermal conductivity in the above equations were taken from the VDI-Wärmeatlas (2002) for the arithmetic mean of inlet and outlet
bulk temperatures.

5.6 Grid Independence Check and Validation Procedure
Before proceeding with the computations, one should select an appropriate convergence criterion which should be satisfied in order that a solution can be considered to be converged. This
can be done by taking different convergence criteria and comparing the differences in the results
obtained. For the present computation, the solutions were compared for convergence criteria 104
and 10-6. It was found that the difference in results for Nu and Eu for inlet velocities between
1.5 and 4 m/s (applied in the present computations) was less than 0.03%. Hence for all computations, the convergence criterion was set equal to 10-4, and a solution was considered as converged only after all residuals reached this value. The additional check of the behavior of important parameters such as pressure and temperature at the inlet and outlet boundaries showed that
these parameters reached constant values long before the convergence criterion was satisfied.
Most numerical models satisfy these criteria assuming the flow to be laminar. Nevertheless, for
some of models, from velocities of 2.5 m/s and higher, which corresponds to Re ~ 500, the convergence criteria could by satisfied only by switching on of the k- ε turbulence model. This
means that the flow at Re ~ 500 is already in the transition region and therefore the assumption
of a steady laminar model is not realistic. The use of a turbulence model might lead to overprediction of Nu to some extent because the flow is not fully turbulent, but as can be observed
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from the results in the next section, this will not change the general trend regarding the relative
performances of the pin fins under comparison. For most of the cross-sections a jump in the
points representing the numerical data of Nu and Eu was observed at Re where the turbulence
model was switched on. However, such jumps were damped by curves approximating the numerical results of such parameters.
The next important step for the accuracy of any numerical computations is to check the results
for grid independence. Since the geometric characteristics of all pin fin cross-sections, were determined by taking the NACA profile as reference, the grid independence check was also performed for this profile. Three computational meshes were investigated: coarse mesh with 619
980 cells, normal mesh with 804 000 cells and fine mesh with 1 066 620 cells for the range of
inlet velocities used in the present computations. By checking the results of all three meshes, it
was found that the difference in Nu between the coarse and normal mesh and between the normal and fine mesh is less than 3.5%. By a similar procedure, it was found that the mean difference in the Euler number is less than 3%. Hence for further computations it was found that a
normal mesh would give satisfactory accuracy in predicting the basic characteristics of heat
transfer through different pin arrays, especially for comparative purposes such as in the present
work. In order to create a similar mesh for all geometries, the same triangulation length was
used for all geometries. However it should be emphasized that owing to the geometric difference, a unique number of cell could not be generated for numerical models of different pin
cross-sections. In general the cell number varied between 550 000 and 850 000.
Although all preliminary measures presented above regarding the numerical accuracy have to be
performed, the most important step in the assessment of the validity of computation model is the
comparison of numerical results with experimental data. For the present computations, it was
not possible to find experimental data which fit the present Re range and geometric characteristics of pin fins. However, for a circular cross-section there exist data on pin fins with a range of
Re and geometric characteristics of the same order of magnitude as those used in the present
work. Such data were given, for example, by Kays (1955). He investigated various geometries
of in-line and one of staggered pin arrangement. The staggered pin fin surface which was manufactured with a good and clean pin-to-plate bond is close to the present smooth surface pins and
therefore it was used for the validation of the computation model in the present work.
The maximum deviation of the numerical and experimental data for Nu was observed for high
Re (Fig. 5.11) and was 19% whereas the maximum deviation for Eu was 20 % (again observed
for high Re, Fig. 5.12).
By taking into account the deviation of the manufactured pin configuration from the numerical
model, the agreement of the results can be considered to be satisfactory to perform comparisons
of various pin fin cross-sections. Such a conclusion is all the more valid taking into account that
for numerical models the flow was considered to be laminar although in practical situations for
the considered Re a transition between laminar and turbulent flow would take place.
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Fig. 5.11 Comparison of numerical values of Nu with the data of Kays (1955).
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Fig. 5.12 Comparison of numerical values of Eu with the data of Kays (1955).

5.7 Results and Discussion
An understanding of the flow physics over pins with different cross-sections is essential for the
evaluation of their performance. A good insight into the flow behaviour can be obtained by analyzing velocity field and corresponding stream lines around the pins. In addition, the temperature field in the air and solid (pins) offers detailed information about the locations where high
heat transfer rates occur and the locations where a heat hold-up takes place. For the present
computation, the velocity and temperature fields are three-dimensional. Hence the presentation
of these parameters was done for the planes normal to directions of largest changes (y- and zaxes). For brevity, the flow and thermal field patterns are presented only for FCC and only for
the case where the inlet velocity was equal to 3 m/s.

5.7.1 Staggered Arrangement
The typical velocity fields of the staggered arrangement for FCC, for the plane which passes
through half of the pin length (z = 11.5 mm) for an inlet velocity of 3 m/s are shown in Fig.
5.13. The velocity fields presented encompass the flow around the last four pin rows, where the
flow field is well developed globally. Velocity patterns around the pins clearly show that each
pin is characterized by some back flow in the rear pin portion. The large-scale vortices in the
region behind the rear pin are more prominent for circular and particularly for square pin cross-
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sections. The size of the vertices and the point of the flow separation can be better observed by
analyzing of the streamline patterns (Fig. 5.14).
By analyzing such patterns, one can see that similarly to flow around circular cylinders, the flow
over staggered pin fin arrays is characterized by one impact point where the boundary layer
starts to develop in two symmetrical parts around the pins.

Velocity

y

(m/s)

x
a)

b)

c)

d)

e)

f)

Fig. 5.13 Velocity field in the plane z = 11.5 mm, for inlet velocity 3 m/s (FCC): a) circular,
b) drop, c) lancet, d) elliptical, e) NACA, and f) square cross-section.

The separation of the boundary layer takes place at different angles depending on the crosssection. For circular and lancet cross-sections the angle between the stagnation point and separa-
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tion point is smaller than for drop, elliptical and NACA cross-sections. As expected for the
square cross-section, the boundary layer separates immediately after the rear corner of the profile and a sharp change of the profile edge results in particularly noticeable vortices compared
with that for other profiles. Consequently the energy dissipation in the recirculation zone of the
square cross-section is much higher than for other profiles and hence also the pressure drop. The
related large pressure drag is reflected in a much higher Eu for circular cross-section for FCC
and for square cross-section for both criteria compared with other cross-sections (Figs. 5.21 and
5.22).
a)

b)

c)

d)

e)

f)
y
x
Fig. 5.14 Streamline patterns in the plane z = 11.5 mm, for inlet velocity 3 m/s (FCC):
a) circular, b) drop, c) lancet, d) elliptical, e) NACA, and f) square cross-section.
a)

b)

z
x
Fig. 5.15 Streamline patterns along the pins for FCC, staggered arrangement
(inlet velocity 3 m/s): a) circular and b) NACA cross-section.
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In Section 3.1 it was mentioned that the temperature and flow field after the first 4 to 5 pin rows
start to stabilize. This means for coming rows that no substantial change in fluid dynamic parameters can occur. A similar behaviour was also observed for the present computations. This is
confirmed by the contour line patterns presented in Fig. 5.16.

Circular, FCC, u =3m/s,

Drop, FCC, u =3m/s,
Lancet, FCC, u=3m/s,

NACA, FCC, u =3m/s,

Elliptical, FCC, u =3m/s,

Square, FCC, u =3m/s,
Fig. 5.16 Velocity contour lines for FCC, u = 3 m/s (z = 11.5 mm).

The thermal characteristics of the convective heat transfer from pin arrays can be observed on
the temperature field in fluid and solid parts of the computation domain. The complete temperature changes in the computation domain for FCC, for the plane which passes through the half of
pin length (z = 11.5 mm), and for the plane which coincides with the section 1-4-12-9 (Fig. 5.9)
for an inlet velocity of 3 m/s are depicted in Fig. 5.17.
The presented temperature fields, as expected, shows that the thermal boundary layer develops
only for the bottom wall, as the upper wall is adiabatic. Furthermore, the thickest thermal
boundary layers around the pins are observed for the first 5 to 6 pin rows, whereas for the subsequent rows, quite small temperature differences between the pin wall and the air were observed. Here it should be mentioned that the intensive reduction of the temperature difference
between the pin wall and the surrounding air in addition to the pin cross-section and surrounding
velocity field depends also on the pin material chosen. However, in the present work the pin
material was selected to be same for all geometries (aluminium). On the other hand, the selected
comparison criteria provide the same order of magnitudes of pin cross-section dimensions.
Moreover, the fin length used in the present work was constant. Hence the temperature changes
on the fluid are mainly influenced by the form of the pin cross-section. Selection of the section
in which temperature and pressure values have to be taken was performed based on the observed
variations of these parameters along the computation domain for the circular pin fin array for an
inlet velocity of 2 m/s. The temperature behaviour (Fig. 5.17) shows that the reading of this pa-
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rameter can be taken at the inlet and outlet of the computation domain as no temperature change
can occur along the inlet and outlet blocks (adiabatic walls).

Temperature (K)

Circular

Drop

Lancet

Elliptical

NACA

Square

Fig. 5.17 Temperature profiles in air and pins in the computation domain
(FCC, u = 3 m/s).

The pressure variation behaves completely differently. As discussed in Section 5.5, at the beginning of the pin array a pressure drop takes place as a consequence of the sudden flow contrac-
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tion. The further downstream flow path resembles a converging-diverging channel. Hence in
each subsequent pin row a corresponding pressure loss due to the contraction and expansion of
the flow occurs. Such a kind of pressure behaviour is demonstrated by the evaluation of the
pressure variation before and after the pin row 11 (Fig. 5.18).

60

15

50

10
5

40

Temperature

30

0

Relative pressure

-5

20

-10

10

-15

0

-20
180

0

20

40

60

80

100

120

140

160

Pressure (Pa)

Temperature (°C)

Computation domain

Position along the computation domain (mm)

Fig. 5.18 Temperature and pressure variation along the computation
domain of the circular pin fin array.

The irreversible converging-diverging effects are accumulated in the friction factor associated
with the core pressure drop. As already explained in Section 5.5, by extracting the inlet and outlet pressure drops from the total pressure drop, one can obtain the core pressure drop which
represents the core friction factor. The total pressure drop over a pin array can be easily obtained
by evaluation of the pressure at the inlet and outlet sections of the computation domain, which
basically is the same as the total pressure drop between the inlet and outlet of the pin fin array.
This means that the pressure changes in the inlet and outlet developing length are minor and can
be neglected. Consequently, the reference parameters for the evaluation of the numerical results
were taken at the inlet and outlet sections of the computation domain.
The evaluation procedure encompasses all parameters necessary for the performance comparison including the parameters which describe the heat transfer and pressure drop over pin fin
arrays.
As is standard practice, the heat transfer characteristics were presented in terms of Nub (Eq.
5.23) and Eu (Eq. 5.29). With the exception of Nub for the circular cross-section of FCC criteria,
the slopes of all other Nub geometries are similar. Obviously with increase in Re the advantage
of a circular cross-section regarding the heat transfer for the FCC diminishes (Figs. 5.19 and
5.20). Such changes in slope are less pronounced in Eu curves (Figs. 5.21 and 5.22).

5.7 Results and Discussion

73

Nu b

60

50

circular
drop
elliptical
NACA
square
lancet

40

30

20
0

100

200

300

400

500

600

700

800

900

Re
Fig. 5.19 Pin fin array Nusselt number as a function of Reynolds
number for FCC, staggered arrangement.
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Fig. 5.20 Pin fin array Nusselt number as a function of Reynolds
number for SCC, staggered arrangement.
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Fig. 5.21 Pin fin Euler number for FCC, staggered arrangement.
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Fig. 5.22 Pin fin Euler number for SCC, staggered arrangement.

The behaviour of all parameters presented up to now, has an indicative character with regard to
the performance of the pins under investigation. However, it is almost impossible to come to the
final conclusion as to which pin performs better for the same fluid dynamic and geometric parameters based only on such curves. Such problems led many authors to carry out studies to find
out the criterion to be used for the assessment of the performances of different heat exchanger
surfaces. In the present work, the performance comparison is based on the method presented in
Chapter 4 (Sahiti et al. 2005b). This method basically compares the heat transfer per unit bare
surface area or volume of heat exchanger versus the power input normalized to the same parameter as the heat transfer. As the pin length was constant, the heat transfer and power input
were normalized to the unit bare surface area of the heated wall. The presented diagrams (Figs.
5.23 and 5.24) show that the elliptical cross-section, for both comparison criteria offers a higher
performance than to all other cross-sections.
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Fig. 5.23 Pin fin performance plot for FCC, staggered arrangement.
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Fig. 5.24 Pin fin performance plot for SCC, staggered arrangement.

Despite the higher Nu of the circular cross-section for FCC, the much larger pressure drop of
this cross-section indicated by a larger Eu (Fig. 5.20) results in the performance curve which lies
below the curve of elliptical, drop and NACA profiles. On the other hand, the square crosssection shows the lowest performance, although based on Nu only it would be difficult to come
to such a conclusion. However, the much larger Eu of that cross-section, compared with all
other sections, is accounted for in the heat exchanger performance plot, and therefore the performance curve of the square-cross-section falls below all other curves.
In order to assess the portion of the heat transferred by the unpinned portion of the pin array and
the heat transferred by the pins the ratio of the pin heat transfer coefficient h p to the unpinned
heat transfer coefficient hup was determined for both comparison criteria. It was found that the
mean h p / hup = 3 − 6 , where the lowest value results for the square cross-section for both comparison criteria and the highest value for the drop pin cross-section (FCC) and for elliptical
cross-sections (SCC), respectively. Obviously the usual assumption of equal heat transfer for
finned and unfinned portions in the case of pin fin arrays would lead to large errors in the calculation of the heat flux.
The validity of the 16 pin row model to predict heat transfer and pressure drop characteristics,
was checked by the evaluation of pin row Nusselt number ( Nu pr ) for an inlet velocity of 3 m/s.
For both comparison criteria it was found that after 4th or 5th pin row, Nu pr continued to decrease, although a tendency to approach uniform values could be observed (Figs. 5.25 and 5.26).

76

4 Numerical Investigations of the Influence of Pin Fin Cross-Section on Heat Transfer
and Pressure Drop
16

Nu pr

14
12
10
8
6
4
2
0
0

1

2

3

4

5

6

7

8

9

10

Drop

Circular

Elliptical
Lancet

NACA
Square

11

12

13

14

15

16

Pin Row

17

Fig. 5.25 Variation of pin row Nusselt number for FCC, staggered arrangement.
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Fig. 5.26 Variation of pin row Nusselt number for SCC, staggered arrangement.

5.7.2 In-Line Arrangement
A different velocity field around the in-line pin fins could be observed compared with that of the
staggered pin arrangement. Whereas the flow through the staggered arrangement periodically
separates and joins again, in the in-line arrangement the flow resembles more a fluid flow
through a channel with wavy side walls. In the latter case, a large part of the fluid bypasses the
pins (at least for the present geometry), resulting in a lower increase in fluid temperature compared with the staggered pin arrangement. Further, because in the in-line arrangement each pin
is located in the wake of the previous pins, the flow separated from the first pin row hits at two
different points (in the front side) of the subsequent pins, resulting in two boundary layers. Depending on Re and pin cross-section, such an effect might be more or less noticeable. Hence in
the case of circular, drop and lancet cross-sections, the abrupt change of the free cross-section
acts like a nozzle for the fluid in the recirculation zones between the pins. The fluid stream bypassing the pins sucks part of the recirculation fluid, which prevents the impact of the fluid on to
the pin surface (Fig. 5.27).
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Fig. 5.27 Velocity field in the plane z = 11.5 mm, for inlet velocity 3 m/s (FCC): a) circular,
b) drop, c) lancet, d) elliptical, e) NACA, and f) square cross-section.

On the other hand, the streamlined shapes of the elliptical and NACA profiles result in delayed
separation of the boundary layer and therefore also in smaller recirculation zones. Further, the
free stream cross-section change is less pronounced than that for other cross-sections and therefore the nozzle effects do no occur. For these sections, the impact points which differ from the
point at the centre of pin front are clearly visible (Figs. 5.27 and 5.28). Nevertheless, the major
fluid part for elliptical and NACA profiles of FCC, passes between the pins, resulting in a weak
fluid mixing characteristic for laminar flows. The fluid stream impacting the pins is characterized by a lower velocity and hence no real benefit in terms of Nu can be observed (Fig. 5.33).
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Further, by the flow over the pins of square cross-section, neither the nozzle effect nor the mixing of fluid streams occurs. The reason lies in the vortices in the rear pin part and the front of
subsequent pins, which prevent the fluid stream from entering the interspaces between pins in
the streamwise direction. Almost opposite effects were observed for the velocity field of in-line
pins for SCC (not presented here for brevity), e.g. for circular cross-section the major fluid part
bypasses the pins and hence does not contribute to the heat transfer. By the elliptical crosssection, a smaller fluid part than by FCC bypasses the pins and more pronounced vortices in the
rear pin portion were observed. Consequently, higher Nu but also somewhat higher Eu values
were observed for the elliptical cross-section in SCC compared with another sections (Figs. 5.32
and 5.34 ).
In general, the 3D behaviour of the flow field, for pins of the in-line arrangement was even more
noticeable than that for the staggered arrangement. However, with the square cross-section such
effects were basically observed near the top and bottom wall. For circular and square crosssections the 3D flow behaviour indicated by streamlines along the pin length is representatively
shown in the Fig. 5.29. As expected, the 3D flow structures were observed only for the regions
around the pins, whereas in the section of the model opposite to the section going through the
pins no recirculation zones were observed.
y
x
a

b)

c

d)

e

f)

Fig. 5.28. Streamline patterns in the plane z = 11.5 mm, for inlet velocity 3 m/s (FCC):
a) circular, b) drop, c) lancet, d) elliptical, e) NACA, and f) square cross-section.
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b)

z
x
Fig. 5.29 Streamline patterns along the pins for FCC, in-line arrangement
(inlet velocity 3 m/s): a) circular and b) square cross-section.

Similarly to the velocity field, also in the temperature field the major changes were noted in the
zones around the pins. Confirming the nature of the flow like in a channel with wavy walls, in
addition to the boundary layer around the pins, the cold fluid stream penetrating in the computation domain gives the impression of a thermal boundary layer which would occur by convective
heat transfer in a wavy channel flow.
The temperature field presented in Fig. 5.30 shows that for some of profiles and particularly for
the square cross-section (FCC), the development length of such boundary layers is greater than
that for the circular cross-section. This indicates higher heat transfer rates for the circular than
the square cross-section. The Nu presented in Fig. 5.31 confirms such thermal characteristics of
these two cross-sections. For the circular cross-section, the cooled fluid stream almost disappears after the 7th pin row. Hence it can be considered that the fully developed flow for this geometry start from the 8th pin row. The present observations are similar to those made by various
authors for the convective heat transfer over tube banks. On the other hand, the 3D vortices
found in the velocity field are clearly reflected also in the temperature field in the rear pin part.
For the FCC, circular and square cross-sections have larger blockage areas and hence also
stronger impact effects than the other cross-sections. For the circular cross-section a such phenomenon is followed by high Nu and Eu values compared with other geometries. On the other
hand, high Eu values for the square cross-section are not followed by high Nu, as the only active
heat transfer side is the front pin side (Figs. 5.31 and 5.33). For SCC the blockage area of all pin
cross-sections is the same (one of constraints of these criteria). Hence for SCC of in-line arrangement the profiles with a larger perimeter are characterized with a larger heat transfer coefficient but also with a larger pressure drop (Figs. 5.32 and 5.34).
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Fig. 5.30 Temperature change in air and pins along the
computation domain (FCC, u = 3 m/s).
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Fig. 5.31 Pin fin array Nusselt number as a function of Reynolds number for FCC,
in-line arrangement.
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Fig. 5.32 Pin fin array Nusselt number as a function of Reynolds number for SCC,
in-line arrangement.
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Fig. 5.33 Pin fin Euler number for FCC, in-line arrangement.
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Fig. 5.34 Pin fin Euler number for SCC, in-line arrangement.

5.8 Conclusions and Final Remarks
The final assessment regarding the pin cross-sectional geometry for the in-line pin arrangement,
for both geometric comparison criteria, could be performed based on the pin performance plot
presented in the previous section. For the FCC it can be concluded that pins with circular crosssection provide more heat transfer per unit bare surface area than pins with other cross-sections
for the same input energy (Fig. 5.35).
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Fig. 5.35 Pin fin performance plot for FCC, in-line arrangement.

For contrast to the staggered arrangement, where for both comparison criteria the elliptical
cross-section was found to be superior to other cross-sections, in the in-line arrangement this is
true only for SCC (Fig. 5.36).
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Fig. 5.36 Pin performance plot for SCC, in-line arrangement.

The different fluid dynamic and heat transfer characteristics of the in-line and staggered arrangements result in a different behavior also of the pin row Nusselt number calculated for an
inlet velocity of 3 m/s.
For both comparison criteria of the staggered arrangement, Nu pr shows periodic oscillations
(Figs. 5.25 and 5.26), approaching a constant value with increase in pin row number. For the inline arrangement, no oscillations could be observed (Figs. 5.37 and 5.38). However, some of the
curves shows small changes in their slope in the flow direction, which might be due to numerical errors. Similarly to the staggered arrangement, for the in-line arrangement with increasing
the pin row number, the values of the Nusselt number approach a value similar to that for the
first row. In general, Nu pr of the intermediate rows is lower than Nu pr of the first row.
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Fig. 5.37 Variation of pin row Nusselt number for FCC, in-line arrangement.
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Fig. 5.38 Variation of pin row Nusselt number for SCC, in-line arrangement.

Seeking a highly compact heat exchanger, different measures have been suggested in the last
two decades to increase the heat transfer on the heat exchanger side with a larger heat transfer
resistance. Employing interrupted fins and incline lamellas (strip, louvered, and wavy fins) has
been proven to be very effective in heat transfer enhancement. However, all authors who have
investigated heat transfer enhancement methods agree that pin fins possess the best features for
heat transfer enhancement. This fact was confirmed also in present work (Chapters 3 and 4).
Regarding the second important parameter in heat transfer applications, namely the pressure
drop, pin fins cannot compete with other fins as the pressure drop over pin fins exceeds that of
fin geometries.
However, in previous chapters only the circular cross-section of the pins was considered. Hence
the aim of the work presented in this chapter was the investigation of the influence of pin crosssection on the pressure drop of pin fin arrays and on their overall performance (performance
based on heat transfer rate and required power input). The order of magnitude of pin dimensions
was chosen according to pin fin heat sinks used in the electronics industry. In order to perform a
fair comparison of the pin cross-section and hence to come to conclusions which might be valid
for a wide range of applications, two different geometric comparison criteria were applied. Furthermore, both common arrangements, namely staggered and in-line, were considered. The results of the simulation of six different pin cross-sections shows that for both comparison criteria
of the staggered arrangement the elliptical profile performs better than all other pin crosssections. Obviously the streamline shape of the NACA profile does not show any basic advantage regarding the pressure drop compared with other pin cross-sections. Two factors lead to
such behavior of NACA profile. The first is related to the ratio of the profile thickness to the
profile length. The optimal results regarding the pressure drop over NACA profiles are achieved
if this ratio is of the order of ~ 0.2. In the present work, because of manufacturing limitations,
this ratio was chosen to be 0.5. On the other hand, in various studies it can be found that such a
high ratio of the profile thickness to profile length might result in even higher pressure drop of
the NACA profile compared with that of the elliptical profile. The second factor is related to the
range of Re, which for the present work was <1000. The drag curves of cylinders with various
cross-sections show that in this range of Re, the values are very close to each other. This is because in this range of Re the form drag and friction drag are of the same order of magnitude.
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Hence the basic advantage of the NACA profile which is related to the reduction of form drag
does not show any effect.
Regarding the NACA profile, similar behavior was observed also in the in-line arrangement.
However for the FCC of this arrangement, the circular cross-section has been proven to show a
better performance than other cross-sections. On the other hand, for the SCC the elliptical profile again provides higher heat transfer rates for same pressure drop than other geometries. Taking into account the more practical character of SCC, one can conclude that for practical applications of pin fins as heat transfer enhancement elements, the elliptical profile offers the highest
heat transfer rate for a given bare surface area and for the same energy input. The relatively
simple geometry makes this profile even more attractive for application than the circular geometry.

Chapter 6
Parametric Study of Flat-Tube and Pin Fin Heat Exchanger
Surfaces
6.1 Why a Parametric Study?
Heat transfer and pressure drop characteristics of pin fins of various cross-sections, derived in
the previous chapter, were fundamentally aimed towards technological applications in the electronics industry. However, with certain adjustments made to the fin aspect ratio, these results
may be extended to be used also for cooling of gas turbine blades. On the other hand, in applications related to the air conditioning, aircraft, and automobile industries, these data cannot be
directly applied. This is primarily because the common type of heat exchangers used in these
fields are plate and wavy (or strip or louvered) types of fins. The ever-increasing demands on
the compactness and performance of such heat exchangers have posed serious challenges to designers over the past few decades. As an alternative to the conventional way of looking into the
problem, one may suggest designing new types of heat exchangers, in the form of pin fins,
which can have excellent potential for use in the above-mentioned industrial fields.

h

Pins

Water
Air
Fig. 6.1 Flat-tube and pin fin heat exchanger model (h, air channel height).

The heat exchangers used for these applications are usually built in the form of flat passages
carrying a high-density fluid (water or oil), with fins located on the outside. If pin fins are used
for this purpose, such arrangements may be called flat-tube and pin fin heat exchangers (Fig.
6.1).
The major advantage of pin fins is their higher heat transfer coefficient compared with that of
other high-performance fins. However, this provide a cross-section of pins which is of the same
order of magnitude as the cross-section of other fin types. Taking into account the dimensions of
strip, wavy or louvered fins (~1mm), it comes out that a reasonable application of pins in heat
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exchangers applied in the air conditioning and automobile industries can be expected with pins
of d < 0.5 mm. Nevertheless, the available heat transfer surface area is equally important as the
heat transfer coefficient in achieving high heat transfer rates. Thus, in addition to small pin diameter, the population density of the bare heat transfer surface should be similar to the population density of other high-performance fins. Whereas the population density of other fins is limited by the pressure drop and a minimal gap between adjacent fins (in order to avoid interference
between adjacent thermal boundary layers), a dominant factor that limits the density population
in the case of pin fins turns out to be the pressure drop. Irrespective of that, the fin configuration
needs to be judiciously selected, since advantages obtained from high heat transfer rates might
be outweighed by energy losses resulting from large values of the pressure drop.
An appropriate selection of pin fin spacings, dimensions and arrangements requires a detailed
knowledge of their heat transfer and pressure drop characteristics. Whereas for other fin geometries large data banks (including appropriate empirical correlations) can be found in the literature, for flat-tube and pin fin heat exchangers such data are scarce. The only reliable data in this
regard can be found in the studies of Norris and Spofford (1942) and Kays (1955). Whereas the
first two authors carried out measurements of two in-line pin arrangements and compared them
with measurements from other heat transfer surfaces, Kays investigated four in-line and one
staggered pin fin arrangement, in order to derive the basic heat transfer and pressure drop data of
various compact heat exchanger surfaces. Whereas other fin configurations have continued to
attract the interest of numerous workers, flat-tube and pin fin heat exchangers were not investigated further, which could be attributed to the associated technological complexities.
The derivation of basic heat transfer and pressure drop data associated with such pin fins of revived industrial relevance was the major motivation behind the execution of the extensive numerical simulations presented in this chapter. For applicability in various practical conditions,
parametric studies were also executed, leading towards subsequent design optimization.

6.2 Geometric and Fluid Dynamic Range of the Parameters
In Section 3.1, it was noted that flows over pin fins and over tube banks have similarities in
many respects. Hence it is expected that the main parameters that influence the heat transfer and
pressure drop over tube banks will also basically determine the convective heat transfer and
pressure drop characteristics of flat-tube and pin fin heat exchangers as. It should be noted that
convective heat transfer over tube banks has been extensively investigated by numerous groups
in past decades (Pierson, 1937; Bergelin et al. 1950, 1952; Kays and London, 1954; Jones and
Monroe, 1958; Gram et al. 1958; Whitaker, 1972; Zukauskas, 1972, 1987a, b; Gnilinski, 1979;
Gadis and Gnilinski, 1983, Zukauskas and Ulinskas, 1983, 1985; Nishimura, 1986). In most of
these studies, the heat transfer and pressure drop characteristics were parameterized as a function of Reynolds number (Re), Prandtl number (Pr), dimensionless streamwise spacing (SL/d),
dimensionless transverse spacing (ST/d) and number of tube rows in the streamwise direction.
These parameters also have strong influences on the basic heat transfer and pressure drop characteristics of flat-tube and pin fin heat exchangers. In addition, the ratio between the pin length
and pin diameter turns out to be another critical parameter for the analysis of pin fin heat exchanges. For flow over tube banks, this ratio becomes large owing to the large tube lengths.
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Hence such tubes are considered to be infinitely long and, accordingly, the influence of the tube
length to diameter ratio can be neglected. Consequently, the influence of side walls on thermal
and hydrodynamic characteristics of tube bank heat exchangers is not typically considered. On
the other hand, the influence of the number of tube rows is usually taken into account for tube
banks with less than 16 tube rows in the streamwise direction. Computations performed on pin
fins with various cross-sections, as presented in Chapter 5, have indeed showen that such assumptions can be applied also for the convective heat transfer over pin fin heat transfer surfaces.
Analogous to the tube banks, it can be expected that the pin arrangement will have a strong influence on the performance characteristics of flat-tube and pin fin heat exchangers. Keeping this
in consideration, numerical computations were performed for both in-line and staggered pin
arrangements, as depicted in Fig. 6.2.

SL

d

SL

u∞
U
∞

d

ST
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u∞
U
∞

a)

b)

Fig. 6.2 Basic pin fin arrangements: a) in-line arrangement, b) staggered arrangement.

The range of the parameter variations was selected according to the pin distances and pin length
expected to be used in flat-tube and pin fin heat exchangers. For all simulated cases, the pin diameter was set equal to 0.35 mm.
A variable pin length was chosen in order to evaluate the performance of flat-tube and pin fin
heat exchangers with different air channel heights (h) (Fig. 6.1). According to the heat exchanger model presented in Fig. 6.1, the conduction heat transfer takes place from the base plate
(representing the channel wall) and transfers heat to the middle section of the pin, which coincides with the central section of the air channel. In an ideal case, the same amount of heat is also
transferred from the opposite base wall towards the central axis of the channel section. Consequently, the symmetry plane of the air channel separates the pins into two parts, each of which
has an adiabatic tip that coincides with the symmetry plane, with the root of the fin attached to
the base wall.
In order to apply the theory of one-dimensional heat transfer through fins (Section 2.2), the pin
length (lp) is considered to be equal the half of the channel height.
For both pin arrangements, the following range of parameter variations was selected:
ST S L
=
= 1.5 to 4.5
d
d

(6.1)

6.2 Geometric and Fluid Dynamic Range of the Parameters
lp
d

89

= 2.5 to15

(6.2)

Table 6.1 Range of geometric parameters used in simulations

1

a

b

c

d

e

f

g

u
(m/s)
2
4
6
8
10
12
2
4
6
8
10
12
2
4
6
8
10
12
2
4
6
8
10
12
2
4
6
8
10
12
2
4
6
8
10
12
2
4
6
8
10
12

2

ST/d

SL/d

lp/d

1.5
1.5
1.5
1.5
1.5
1.5
2.5
2.5
2.5
2.5
2.5
2.5
3.5
3.5
3.5
3.5
3.5
3.5
4.5
4.5
4.5
4.5
4.5
4.5
2.0
2.0
2.0
2.0
2.0
2.0
3.0
3.0
3.0
3.0
3.0
3.0
4.0
4.0
4.0
4.0
4.0
4.0

3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5

5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5

u
(m/s)
2
4
6
8
10
12
2
4
6
8
10
12
2
4
6
8
10
12
2
4
6
8
10
12
-

3

ST/d

SL/d

lp/d

3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
-

1.5
1.5
1.5
1.5
1.5
1.5
2.5
2.5
2.5
2.5
2.5
2.5
3.5
3.5
3.5
3.5
3.5
3.5
4.5
4.5
4.5
4.5
4.5
4.5
-

5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
5
-

u
(m/s)
2
4
6
8
10
12
2
4
6
8
10
12
2
4
6
8
10
12
2
4
6
8
10
12
2
4
6
8
10
12
2
4
6
8
10
12
-

ST/d

SL/d

lp/d

3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
-

3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
3.5
-

2.5
2.5
2.5
2.5
2.5
2.5
5
5
5
5
5
5
7.5
7.5
7.5
7.5
7.5
7.5
10
10
10
10
10
10
12.5
12.5
12.5
12.5
12.5
12.5
15
15
15
15
15
15
-
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In total, 15 different cases for each pin arrangement were examined. For each of these cases, the
inlet air velocity was varied from 2 to 12 m/s in steps of 2 m/s. Parameter values and the simulated cases for each arrangement are presented in Table 6.1. Entries with a shaded background
represent the same model, in essence. The thermal conditions for all simulated models were
taken to be the same. These were specified with inlet fluid temperature tin = 20 °C and base wall
temperature tw = 80 °C. It should to be noted that performance comparison of pin fins with different cross-sections (Chapter 5) has shown that for low ranges of Re, the best possible performance is achieved for pins of elliptical cross-section. Nevertheless, the parametric studied presented in this chapter considered pins with circular cross-section only, since other cross-sections
were found to be unrealistic for small values of the pin hydraulic diameter (~0.35 mm ) that are
otherwise desired for optimal performance.

6.3 Boundary Conditions and Simulation Procedure
The governing equations, coupled with boundary conditions, were solved using the Star-CD
code, by employing strategies analogous to those outlined in the previous chapter. The only difference lies in the fact that the wall opposite the base wall was considered to be adiabatic for
simulations presented in the previous chapter, whereas symmetry boundary conditions were
imposed on the same for the present set of simulations (Fig. 6.3).

symmetry
outlet block

wall

symmetry

inlet block
wall

Fig. 6.3 Applied boundary conditions for in-line and staggered pin arrangements.

Conjugate heat transfer considerations were taken into account, with air as the working fluid and
aluminium as the pin.
Similarly to the numerical simulations of the performance of pins with various cross-sections in
the previous chapter, the simulation procedure consist of CAD model generation, partially
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automatic grid generation, setting of thermal and hydraulic parameters in Pro-Star and running
the simulations by Star.

6.4 Results and Analysis
Numerical results for the heat transfer and pressure drop from pin fin arrays with different pin
cross-sections show that the flow and thermal patterns differ significantly for the in-line and
staggered arrangements.

6.4.1 Staggered Arrangement
In order to have a comparative view, streamline patterns are presented for the plane coinciding
with the top symmetry wall of the computational domain, for all values of the dimensionless
streamwise and transverse spacings. All patterns shown pertain to a dimensionless pin length of
lp/d = 5, for an inlet velocity of 6 m/s (Fig. 6.4). The streamline patterns are shown only around
the last 3 pin rows, where the flow is fully developed.
The presented streamline pattern shows a vortex similarity for all S T d values. However, for
S T d = 1.5 , almost the entire flow field is occupied by vortices in the backflow region of the

pins, whereas for larger S T d values, the major part of the fluid lies outside the vortex region.
Hence the flow with smaller S T d ratios is characterized by a much higher pressure drop compared with the flow over pins with larger S T d ratios (wee Eu in Fig. 6.10).
The streamline patterns for a constant transverse spacing and variable streamwise spacing (Fig.
6.5) shows that for larger stramwise spacings, the flow is characterized by larger vortices, compared with a flow with small streamwise spacing. However, a more tortuous flow path for
smaller values of Sl/d, particularly for Sl/d = 1.5, results in larger pressure drops.
3D effects observed in the case of flow over pin fin arrays with different cross-sections are
qualitatively similar to those observed for the case of flow over pins of the present flat-tube and
pin fin heat exchanger. Such effects are noticeable from the evolution of the vortices, which, in
addition to their development in the flow direction, develop also in the vertical direction along
the pin length. The corresponding streamline pattern typically looks like those presented in Fig.
6.6. Obviously, the intensity of such vortices is greatly influenced by the lp/d ratio. For smaller
lp/d ratios, owing to a strong influence of the wall shear stress, vortices along the entire pin
length assume a strong 3D character, whereas for larger lp/d ratios, such effects are more visible
near the channel wall.
The temperature field established within the present flat-tube and pin fin heat exchanger is similar to the temperature field presented in Chapter 5, for a staggered arrangement of various pin
fin cross-section (Fig. 5.16), and hence the pertinent details are omitted from presentation. An
important conclusion that can be drawn from the temperature field is that the temperature increases in the case of transverse and streamwise spacings are made to be smaller and the ratio
lp/d is progressively lowered.
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Fig. 6.4 Streamline patterns for the staggered arrangement
(Sl/d = 3.5, u = 6 m/s).
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Fig. 6.5 Streamline patterns for the staggered arrangement
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Fig. 6.6 Streamline patterns in the vertical direction for the
staggered pin arrangement (ST/d = SL/d = 3.5, u = 6 m/s).
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The quantitative heat transfer and pressure drop characteristics of flat-tube and pin fin heat exchangers, are presented in terms of significant non-dimensional numbers in Figs. 6.7-6.12.
Fig. 6.7 clearly suggests that with a reduction in transverse pin spacing, the Nu increases over
the entire range of Re. The increase in Nu can be attributed to the increase in the wetted area, for
smaller pin spacings in the transverse direction. A similar behaviour of Nu is observed also for
variable SL/d and for ST/d = 3.5 (Fig. 6.8). However, with a decrease in SL/d, Nu increases faster
than for the case characterized with a reduction in ST/d. A contrasting behaviour is observed in
the context of variation of Nu with the ratio lp/d (Fig. 6.9). This because of the fact that Nu in the
present work is calculated from a heat transfer coefficient that is evaluated with reference to the
bare surface area (Eq. 4.14, Chapter 4 and Eq. 5.23, Chapter 5), which increases continuously
with increase in pin length.
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Fig. 6.9 Nu of the flat-tube and pin fin heat exchanger, staggered pin
arrangement (ST/d = 3.5, SL/d = 3.5).

Eu

The behaviour of Eu, for variable ST/d (Fig. 6.10), is similar to that of Nu, in the sense that with
a decrease in the transverse pin distance, Eu increases. The somewhat different behaviour of the
Eu curves, for ST/d = 1.5, results from the k-ε turbulence model used for the chosen range of Re.
Eu obtained by variation of SL/d (Fig. 6.11) shows a completely different behaviour compared
with the variation of Nu for the same conditions. Whereas a clear increase in Nu could be observed by decreasing the ratio SL/d, no substantial change in Eu could be observed for SL/d = 2.5
to 4.5. However, for SL/d = 1.5, the Eu values (for the entire range of Re chosen) show a jump
compared with Eu values for other streamwise spacings. Nevertheless, this fact cannot be taken
as evidence of lower heat exchanger performance for a pin configuration with SL/d = 1.5, because this configuration is also associated with an appreciable increase in Nu (Fig. 6.8). Hence
for conclusive statements regarding the performance of a heat exchanger, one needs to employ
the heat exchanger performance plot presented later in this section. So far as the behaviour of Eu
for different lp/d is concerned, a clear increase in Eu was observed with decreasing values of lp/d
(Fig. 6.12).
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Fig. 6.12 Eu of the flat-tube and pin fin heat exchanger, staggered pin
arrangement (ST/d = 3.5, SL/d = 3.5).

As already mentioned, the heat exchanger performance plots, as described in Chapter 4, offer an
excellent practical tool to perform fast and consistent comparisons of various heat transfer surfaces employed in heat exchangers. Hence similar plots are employed here for comparison of
flat-tube and pin fin heat exchanger performances. Performance parameters, heat transfer per
unit bare surface area q& b and power input per unit bare surface area eb, for variable ST/d and SL/d
and for lp/d = 5 are presented in Figs. 6.13 and 6.14.
The performance plot shows that for variable transverse spacings (Fig. 6.13), the highest heat
exchanger performance is achieved for pin fin configurations having ST/d = 2.5-3.5. For ST/d <
2.5, the large pressure drop cannot be compensated for by a large heat transfer rate, hence this is
accompanied by a poor heat exchanger performance. For ST/d > 3.5, reverse effects are prominent, i.e., an increase in transverse spacing reduces the heat transfer rate to a greater extent than
what can be compensated for with a lower pressure drop. However, shifting of the curve towards
a lower performance is very moderate in this case compared with what occurs in the case of decreasing the streamwise spacing below 2.5d.
A more conclusive observation regarding the heat exchanger performance was obtained for variable stremawise spacings. This is because of the fact the heat exchanger performance plot (Fig.
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6.14) shows that with a decrease in streamwise spacing, the heat exchanger performance increases monotonically. Hence, only 4 values of SL/d were selected to check the influence of the
streamwise spacing on the performance of the flat-tube and pin fin heat exchanger. It can be
noted that in the reverse case, 7 values of the variable ST/d were used in order to assess the influence of the transverse spacings on the heat exchanger performance.
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Fig. 6.13 Performance comparison of flat-tube and pin fin heat exchanger,
staggered pin arrangement (SL/d = 3.5).
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Fig. 6.14 Performance comparison of flat-tube and pin fin heat exchanger,
staggered pin arrangement (ST/d = 3.5).

6.4.2 In-Line Arrangement
Similarly to the staggered arrangement, the flow field was also analyzed for in-line arrangements, by analyzing the pertinent streamline patterns. All patterns of the present arrangement
were taken from models with a dimensionless pin length of lp/d = 5, for an inlet velocity of 6
m/s and only for the last 3 pin rows.
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The streamlines presented in Fig. 6.15 show that for variable ST/d, the fluid particles that are
located far away from pins follow a straight path. Only fluid particles close to the pins experience a deflection in the flow path, and hence in general, the flow over in-line pin arrangements
is accompanied by lower values of the pressure drop, compared with the flow over staggered pin
arrangements. However, the small pressure drop is accompanied also by small heat transfer
rates, and therefore one cannot apriori conclude whether the staggered or in-line pin arrangement results in a higher heat exchanger performance.
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Fig. 6.15 Streamline patterns for in-line arrangement
(SL/d = 3.5, u = 6 m/s).

The presented streamline pattern shows a vortex similarity for all S T d values. However, for
S T d = 1.5 , almost the entire flow field is occupied by vortices in the backflow region of the

pins, whereas for larger S T d ratios, the major part of the flow lies outside the vortex region.
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Hence a flow with smaller S T d ratio is characterized by a much higher pressure drop, compared with the flow over pins with larger S T d ratios (see Eu in Fig. 6.21).
The streamline patterns for constant transverse spacing and variable streamwise spacing (Fig.
6.16) show that for smaller stramwise spacings, the backflow region encloses the entire space
between the pins in the flow direction, and hence prevents neighbouring fluid particles from
entering that region. Consequently, for SL/d = 1.5 and 2.5, the particles follow a straight line. On
the other hand, for SL/d = 3.5 and 4.5, although the vortex size is large compared with the previous case, it is still not sufficient to bridge the space between two subsequent pins in the flow
direction. Therefore, the neighbouring fluid particles that enter partially in that region experience a deflection of their flow path.
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Fig. 6.16 Streamline patterns for in-line arrangement
(ST/d = 3.5, u = 6 m/s).

The described flow behaviour for the in-line pin configuration, corresponding to variable
streamwise spacings, results in a completely different behaviour of Eu (Fig. 6.22) compared
with the corresponding trends in Eu for the staggered arrangement (Fig. 6.11).
Regarding the 3D nature of the flow over the in-line pin arrangement, similar comments to those
made for the staggered arrangement can be made. Also here the corresponding streamlines are
shown only for lp/d = 2.5, 5 and 15 (Fig. 6.17), for illustration.
Again, a similar behaviour of the temperature field, as described in Chapter 5 (Fig. 5.29) for inline arrangements, was noted here. For smaller transverse and streamwise spacings and for
smaller lp/d ratios, a temperature increase in the flow domain was observed.

6 Parametric Study of Flat-Tube and Pin Fin Heat Exchanger Surfaces

100

l p / d = 15

z
x

lp / d = 5
l p / d = 2.5

Fig. 6.17 Streamline patterns in the vertical direction for the in-line pin
arrangement.

As already mentioned, for smaller ST/d and constant SL/d ratios, the flow field was almost completely occupied by vortices generated due to flow separation in the rear pin portion. Such kind
of flow results in larger Nu for smaller ST/d ratios, compared with those for larger values of ST/d
(Fig. 6.18).
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Fig. 6.18 Nu of the flat-tube and pin fin heat exchanger, in-line pin
arrangement (SL/d = 3.5).

Similarly to the staggered pin arrangement, a clear increase in Nu was noted for in-line pin arrangements, with a decrease in streamwise pin distance (Fig. 6.19). The same is true for pin con-
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figurations with variable lp/d (Fig. 6.20) ratios. This increase in Nu with increase in h/d ratio
may be attributed to the manner in which Nu was defined in the present work.
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Fig. 6.19 Nu of the flat-tube and pin fin heat exchanger,
arrangement (ST/d = 3.5).
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Fig. 6.20 Nu of the flat-tube and pin fin heat exchanger, in-line pin
arrangement (ST/d = 3.5, SL/d = 3.5).
Analysis of streamline patterns with variable ST/d and SL/d ratios, but a constant lp/d ratio (Figs.
6.15 and 6.16) shows that in the case of in-line pin arrangements, a major portion of the flow
occurs through straight passages, leading to a lower pressure drop, compared with the pressure
drop in the case of flow over staggered pin arrangements. The Eu variations presented in Figs.
6.21 to 6.23 confirm such propositions. However, Figs. 6.21 and 6.23 show that the behaviour of
Eu in response to changes in Re is quite similar to the Eu behaviour of the corresponding staggered arrangement. A completely different behaviour can be observed regarding the variation of
Eu with SL/d ratios (Fig. 6.22). Whereas in the corresponding staggered arrangement Eu increases with a decrease in SL/d ratio, in the in-line arrangement the decrease in SL/d ratio is associated with a decrease in Eu. Keeping in mind that employing the same configuration an increase of Nu with decreases in SL/d ratio could be observed (Fig. 6.19), this specific pin arrangement is likely to result in a very high heat exchanger performance.

6 Parametric Study of Flat-Tube and Pin Fin Heat Exchanger Surfaces

102

1.6

Eu

1.2

St/d=1.5
St/d=3
St/d=4.5

St/d=2
St/d=3.5

400

500

St/d=2.5
St/d=4

0.8
0.4
0.0
0

100

200

300

600

Re

700

Fig. 6.21 Eu of the flat-tube and pin fin heat exchanger, in-line pin
arrangement (SL/d = 3.5).
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Fig. 6.22 Eu of the flat-tube and pin fin heat exchanger, in-line pin
arrangement (ST/d = 3.5).
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In order to confirm that the observed behaviour of Nu and Eu with decreasing of SL/d results in a
higher heat exchanger performance, the performance was checked based on the heat exchanger
performance plots depicted in Figs. 6.24 and 6.25.
The performance plot presented in Fig. 6.24 shows that the heat exchanger performance increases with an increase in streamwise pin distance. However, as in the case of staggered pin
arrangements, an increase in ST/d beyond a certain limit results in a reversal of the performance
characteristics. Fig. 6.24 shows that for in-line pin arrangements, that limit is reached at ST/d =
2.5.
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Fig. 6.24 Performance comparison of flat-tube and pin fin heat exchanger,
in-line pin arrangement (SL/d = 3.5).
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Fig. 6.25 Performance comparison of flat-tube and pin fin heat exchanger,
staggered pin arrangement (ST/d = 3.5).

In the case of variable pin spacings along the flow direction, the heat exchanger performance
improves continuously with a decrease in the distance between successive fins. Hence the predicted performance for this specific case of pin configuration, based on the observed behaviour
of Nu and Eu, could also be confirmed from the heat exchanger performance plot (Fig. 6.25).
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6.5 Staggered Versus In-Line Pin Fin Arrangement
So far the comparison of the performance of heat exchangers for different configuration and
arrangement of the pin fins was assessed. The comparison was performed separately for staggered and in-line pin arrangements. However, in the practical application of pin fins in various
industrial fields, one is always confronted with the question of the relative performance of the
staggered and in-line pin arrangements for the same fluid dynamic and thermal working conditions. In order to come up with a satisfactory answer to such a question for the present flat-tube
and pin fin heat exchanger, a comparison of the performance of the best staggered and best inline pin arrangements, for variable ST/d and SL/d but constant lp/d ratios, was analyzed from the
same heat exchanger performance plot (Fig. 6.26).
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Fig. 6.26 Performance comparison of the best pin configurations for the present flat-tube and pin fin heat exchanger.

The performance plot comparison shows that for the present heat exchanger, the staggered arrangements with ST/d = 3.5 and SL/d = 1.5 result in the highest heat exchanger performance.
Nevertheless, it is also very important to note that for models with more pin rows in the flow
direction, the situation might change in favour of the in-line arrangement. This is because, with
increase in the number of pin rows, the temperature difference between the pins and the wall
decreases (see Fig. 5.17, Chapter 5), and hence heat transfer rate will not increase in proportion
to the increased heat transfer surface area. On the other hand, the pressure drop increases proportionally with the increase in number of pin rows. Hence the performance characteristics of
heat exchangers with the same pin configuration but larger flow length will fall below the performance of those with shorter flow lengths. Such a situation would occur for both staggered
and in-line arrangements. However, the pressure drop increase with pin rows is much faster for
staggered than for in-line arrangements and, accordingly, the performance deteriorates. Thus,
beyond a certain flow length, the performance curves presented in Fig. 6.26 will change their
order in favour of the in-line pin arrangement. For variable ST/d and constant SL/d ratios, the
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above in-line arrangement shows a better performance, as already established, and this advantage will increase with increase in the flow length.
The conclusion which can be drawn from this analysis is that, despite a general presumption
existing in the heat transfer community that the staggered arrangement performs better than the
in-line arrangement, conclusive statements justifying that cannot be made over the entire range
of operating parameters. Rather, it is suggested that for larger flow lengths (which are to be expected for flat-tube and pin fin heat exchangers), the in-line arrangement will offer with a better
performance.
In the previous section, the performance of flat-tube and pin fin heat exchangers with variable
ST/d and SL/d ratios was analyzed. No such analysis was conducted for variable lp/d ratios, because, changes in the lp/d ratio implicitly alter the mass flow rate, since the inlet velocities are
kept constant. Further, owing to changes in the pin length, changes can also be observed in the
fin efficiency, which in turn influences the performance of the present pin fin configuration.
Hence the performance comparisons regarding the pin configuration require a more detailed
analysis that allows for changes in the mass flow rate and pin lengths, by altering the lp/d ratio.
In order to address such issues, the performance comparison of the present heat exchanger with
different lp/d ratios is reported separately in Chapter 7.

6.6 Multiple Regression Analysis
One of the aims of the work presented in this chapter was the derivation of basic heat transfer
and pressure drop data for the flat-tube and pin fin heat exchanger. For that reason, extensive
numerical computations were performed. The numerical results and corresponding dimensionless variables were discussed in previous sections. The prediction of the basic characteristics
of a particular heat transfer surface can be quantitatively performed only based on correlations
which consider basic parameters influencing those characteristics. Usually, the heat transfer and
pressure drop characteristics are presented in dimensionless form by Nu and friction factor f. For
presentation of heat transfer characteristics in the literature, the Coburn factor, j, is often used.
Such factors are used for the evaluation of heat transfer surface area and the volume of the heat
exchanger for a particular application. Acordingly, Nu (or j) and f are taken to be invariant for
the specific heat transfer surfaces. Excluding the influence of the changing fluid parameters,
such an assumption typically holds for the friction factor. However, Nu is practically never constant, since it contains the heat transfer coefficient, which varies across a heat exchanger, owing
to changes in the fluid properties and length of the flow path (Roetzel, 1969; Peters, 1970;
Schlünder, 1976). Consideration of such changes requires a separate analysis for each possible
application. Therefore, in the present work, it is considered that the Nu and Eu presented in the
previous sections are invariant for the investigated flat-tube and pin fin heat exchangers and they
may be used to predict the performance of such heat exchangers. It should be noted that Eu
represents the friction characteristics of pin fin heat transfer surfaces and is equivalent to f for
other kinds of heat transfer surfaces.
A large number of heat transfer and pressure drop correlations, basically derived experimentally,
exist in the literature for various heat transfer surfaces. However, for pin fin heat transfer surfaces such data are very limited. This situation is inconvenient when one is trying to predict the
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performance of a flat-tube and pin fin heat exchanger relative to the performance of other heat
transfer surfaces. Hence, in the present work, the large data bank of Nu and Eu were used to
obtain appropriate correlations which might be used for performance prediction.
In order to find the curve which best fits to the derived Nu and Eu by considering all influencing
variables, a regression analysis is needed. Depending on the number of free variables, one can
select simple or multiple regression procedures to obtain the corresponding relation (Montgomery and Runger, 2003). Regression analysis provides a curve which best fits the data by minimization of the sum of the squares of the errors between the actual data and data obtained from
best fitting curve.
In the present work, the variation of Nu and Eu by altering the streamwise pin distance (SL/d),
transverse distance (ST/d) and pin length to diameter ratio (lp/d) was investigated. For derivation
of the relations, i.e. Nu = f ( Re, S T / d , S L / d ,l p / d ) and Eu = f ( Re, S T / d , S L / d ,l p / d ) , it was
considered that Nu and Eu obey following power-low relationships (Wieting, 1975):
m2
m3
⎛ ST ⎞ ⎛ S L ⎞ ⎛ l p
Nu = M Re ⎜ ⎟ ⎜ ⎟ ⎜⎜
⎝ d ⎠ ⎝ d ⎠ ⎝d

⎞
⎟⎟
⎠

n2
n3
⎛ ST ⎞ ⎛ S L ⎞ ⎛ l p ⎞
Eu = N Re ⎜ ⎟ ⎜ ⎟ ⎜⎜ ⎟⎟
⎝ d ⎠ ⎝ d ⎠ ⎝d ⎠

n4

m1

m4

(6.3)

n1

(6.4)

In order to determine the constants (M and N) and exponents (m1, m2, m3, m4, n1, n2, n3 and n4) in
Eqs. (6.3) and (6.4), a multiple linear regression analysis was performed. The first step of the
analysis is the linearization of the corresponding power-laws given by Eqs. (6.3) and (6.4)
(Holman, 2001; Jaluria, 1998):
⎛lp
⎛S ⎞
⎛S ⎞
lnNu = lnM + m1ln Re+ m2 ln⎜ T ⎟ + m3 ln⎜ L ⎟ + m4 ln⎜⎜
⎝ d ⎠
⎝ d ⎠
⎝d
⎛lp
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lnEu = lnN + n1ln Re+ n2 ln⎜ T ⎟ + n3 ln⎜ L ⎟ + n 4 ln⎜⎜
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⎝d
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⎠

(6.5)

(6.6)

The Eqs. 6.5 and 6.6 may be written as
Y1 = C1 + m1 X 1 + m2 X 2 + m3 X 3 + m4 X 4

(6.7)

Y2 = C2 + n1 X 1 + n2 X 2 + n3 X 3 + n4 X 4

(6.8)

⎛S ⎞
⎛S ⎞
where Y1 = ln Nu , Y2 = ln Eu , C1 = ln M , C 2 = ln N , X 1 = ln Re , X 2 = ln⎜ T ⎟ , X 3 = ln⎜ L ⎟
⎝ d ⎠
⎝ d ⎠
⎛lp
and X 4 = ln⎜⎜
⎝d

⎞
⎟⎟ . Hence a multiple linear regression analysis may be applied by taking Y1 and
⎠

Y2 as dependent variables and X 1 , X 2 , X 3 and X 4 as independent variables. The analysis was

performed using freely available software statistiXL. After all constants in Eqs. (6.7) and (6.8)
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had been calculated by the software, backward calculations were performed in order to obtain
the required relationship in the form presented by Eqs. (6.3) and (6.4).
The relationships for Nu and Eu and the corresponding standard error σ, for staggered pin arrangement have following form:
Nu = 2.12 Re

0.57

Eu = 17.22 Re

⎛ ST ⎞
⎜ ⎟
⎝ d ⎠

− 0.38

−0.83

⎛ ST ⎞
⎜ ⎟
⎝ d ⎠

⎛ SL ⎞
⎜ ⎟
⎝ d ⎠

−0.82

−0.94

⎛ SL ⎞
⎜ ⎟
⎝ d ⎠

⎛ lp
⎜⎜
⎝d

−0.21

⎞
⎟⎟
⎠

⎛ lp
⎜⎜
⎝d

0.71

⎞
⎟⎟
⎠

[σ = 0.102]

(6.9)

[σ = 0.137]

(6.10)

−0.14

100

⎛S ⎞
Nu / 2.12⎜ T ⎟
⎝ d ⎠

−0.83

⎛ SL ⎞
⎜ ⎟
⎝ d ⎠

−0.94
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⎜⎜
⎝d

⎞
⎟⎟
⎠

0.71

Graphical representations of the above results are depicted in Fig. 6.27 and 6.28, respectively
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By applying a similar regression procedure to that described for the staggered pin arrangement,
the follwing relationships were obtained for the in-line pin arrangement:
Nu = 1.62 Re

0.54

Eu = 12.11Re

⎛ ST ⎞
⎜ ⎟
⎝ d ⎠

− 0.43

−1.53

⎛ ST ⎞
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−0.48
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⎝d

0.78

⎞
⎟⎟
⎠

[σ = 0.074]

(6.11)
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(6.12)

−0.18

The corresponding single-curve correlations are depicted in Figs. 6.29 and 6.30.
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Fig. 6.29 Single curve-correlation of Nu over Re
for in-line pin arrangement.
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Chapter 7
Interrelation of Pin Length and Heat Exchanger Performance
Basic parameters which influence the pin performance were discussed in Chapter 2. As a concluding remark, it was stated that owing to large influencing parameters, the fin performance
optimization is an open-ended problem. This implies that it is most unlikely that a fin would
exist which would be optimal in all respects. Hence, one needs to select constraints which are
more important for a particular application, and then to seek optimal values of the remaining
factors. As already stated in the previous chapter, the cross-section of pins, their material and the
hydrodynamic and thermal boundary conditions were selected to be same for all investigated
plate and pin fin configurations. The influence of the streamwise and transverse pin spacing on
the plate and pin fin heat exchanger performance was discussed in the previous chapter. However, the influence of the third geometric parameter, namely the pin length to pin diameter ratio,
was left to be discussed in the present chapter, since this ratio also strongly influences the pin
performance.

7.1 Evaluation of Basic Pin Performance Parameters
In order to evaluate the influence of the pin length on the pin performance, three more parameters were evaluated: pin effectiveness ε , pin performance figure ε pf , and pin efficiencyη . The
same form of equations as in Chapter 2, was used:

ε=

km
tanh(ml p )
h

ε pf = tanh( ml p )
η=

tanh(ml p )
ml p

(7.1)
(7.2)
(7.3)

The nomenclature of the symbols used in the Eqs. (7.1) to (7.3) and the definition of m were
explained in Chapter 2. It can be seen that the product mlp, is a variable group that influence all
three performance parameters ε , ε pf and η . In the present computations, the two other geometS ⎞
⎛S
ric parameters ⎜ T and L ⎟ were kept constant (see Table. 6.1).
d ⎠
⎝ d
Although the parameters ε pf and η are basic indicators of pin performance, by direct plotting of
these parameters over the product mlp, no conclusion can be drawn regarding the optimal pin
length, because pin performance figure ( ε pf ) and also the pin effectiveness ( ε ), increase monotonically with increase in pin length (lp), whereas the pin efficiency (η ) shows the opposite
trend. Hence various authors have suggested selecting the pin length around the ml value at
which the ε pf and η curves intersect each other. The same procedure was followed in the pre-
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sent work, in order to identify the optimal pin length within the investigated range of pin length
to diameter ratio and within the ranges of Reynolds number and streamwise and transverse pin
spacings used in the present computations. For the in-line arrangement, Fig. 7.1 shows that the
intersection point was not achieved, whereas for the staggered arrangement, the ml values ex
tend beyond 1, owing to the higher heat transfer coefficient of pins (Fig. 7.2).
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Fig. 7.1 Pin performance figure and pin efficiency of in-line pin arrangement.
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Fig. 7.2 Pin performance figure and pin efficiency of staggered pin arrangement.

The intersection point of ε pf and η is in agreement with the pareto rule of 80%, beyond which
80% of the pin performance figure is achieved by 20% of the parameter ml, if the maximum
value of ml is taken to be 5 (note that with ml = 5, ε l = 0.9999 ). Taking into account that in
such cases also the pin efficiency keeps ~80% of its maximal value, Polifke and Kopitz (2005)
stated that ml = 1 represents a good compromise between the pin performance figure and pin
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efficiency. However, if ε pf and η values, taken around ml = 1, are considered to be optimal,
then the pin length corresponding to ml ~ 1 should result in maximal values of heat transfer from
pins. Furthermore, the performance analysis would be better if the optimal pin length is followed by some maximal values of pin effectiveness ε and pin performance figure ε pf . Based on
the definitions of ε and ε pf (Section 2.2), such maximal values should be visible graphically by
plotting the ratios ε / l p and ε pf / l p against the pin length l p . Nevertheless, a direct plot of such
ratios over the pin length would result in a monotonic decrease, which indicates that the highest
heat transfer per unit pin length compared with the heat transfer from the bare base (ratio ε / l p )
respectively the highest heat transfer per unit pin length compared to the heat transfer of an infinitely long pin (ratio ε pf / l p ) is achieved with shortest feasible pins. Hence the conclusion

lpc

lp

h

hw

which can be drawn from such an analysis is that the heat exchanger comprising heat transfer
surfaces with the shortest feasible pins would be the most effective. Nevertheless, this is not
true, because, with shorter pins one needs more channels carrying the hot fluid for the same heat
exchanger frontal area, and hence the free cross-sectional area of the heat exchanger would be
less than that in a heat exchanger with longer pins.

Fig. 7.3 Some geometric parameters of the plate and pin fin heat exchanger model.

Such a decrease of free cross-sectional area results in lower mass flow rates, for the same fluid
velocities over pin fins, and hence the small increase in outlet fluid temperature owing to higher
pin efficiency cannot compensate for the substantial decrease in the mass flow rate. The opposite is true for very long pins, since in this case the high mass flow rates cannot compensate for
the very low pin efficiency. In order to find the region of the optimal pin length, one can consider such effects by introducing a kind of corrected pin length lpc = lp + hw / 2, where hw is the
water channel height (Fig. 7.3).
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By dividing of pin effectiveness and pin performance figure by l pc , one can define the corrected
effectiveness ( ε c ), and the corrected pin performance figure ( ε pfc ), which can be plotted against
the corrected pin length in order to identify the optimal regions of these parameters. A common
water channel height of plate and fin heat exchangers, used in the automobile industry, is typically around 2 mm. The same value was taken also in the present work, to perform the graphical
presentation of variations of ε c and ε pfc with l pc for inlet velocities u = 2-12 m/s (Figs. 7.4-7.7).
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Fig. 7.4 Variation of corrected pin effectiveness with corrected pin length for in-line
pin arrangement.
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Fig. 7.5 Variation of corrected pin performance figure with corrected pin length
for in-line pin arrangement.
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Fig. 7.7 Variation of corrected pin performance figure with corrected pin length
for staggered pin arrangement.

The effectiveness plots against the corrected pin length for the in-line pin arrangement reveals a
maximum corresponding to a corrected pin length of l pc = 4.5-6 mm. This corresponds to a pin
length, l p = 3.5-5 mm, and the ratio l p / d = 10-14. These results are fairly close to order of magnitude estimations of l p / d = 15 (Chapter 2), as derived based on the analysis of Razelos (2003).
On the other hand, the value of the parameter mlp corresponding to maximal effectiveness values
was between 0.5 and 0.7, which are below the suggested values of Merker and Eiglmeier (1999).
For the staggered arrangement, the maximum values of the normalized pin effectiveness and pin
performance figure were achieved with l pc = 4-5.5 mm and l p = 3-4.5 mm. The optimal pin to
diameter ratio takes the values l p / d = 8 − 13 , whereas the value of the product mlp was between
0.6 and 0.8.
The above method for the evaluation of pin performance parameters is simple and practical,
since it can be applied not only for the evaluation of optimal pin length of pins used in the plate
and pin fin heat exchangers discussed in this chapter, but also in forms of other heat exchanger
containing fins as elements for heat transfer enhancement. The derived values of the ratio l p / d
and product mlp, which are not far from values suggested by various authors, prove that the
trends depicted by ε c and ε pfc (such as those shown in Figs. 7.4-7.7), lead to reasonable values
of the optimal pin length. It should be noted that a small deviation of the optimal pin parameters
from those suggested in the literature may be attributed to the ideal assumptions taken for the
theoretical analysis of the isolated fins (Chapter 2), which do not exist in the present computation.

7.2 Variation of Heat Exchanger Performance with Pin Length
An additional check of the accuracy of the pin length values derived in this chapter can be made
by analyzing of performance of the entire plate and pin fin heat exchanger with different pin
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lengths. For the present heat exchanger, the dominant part of the heat is transferred by pins,
whereas the heat transferred from free portion of the base plate is of the order of 20% of the total
heat transfer. Hence the optimal pin length should also result in higher performance of the corresponding plate and pin fin heat exchangers, compared with heat exchangers with pins of other
lengths. On the other hand, the performance plot for heat exchangers with different pin lengths
can be derived by normalizing the heat transfer and the corresponding power input with the heat
exchanger volume (Sahiti et al., 2005b). As the heat exchanger volume, one may take either the
volume corresponding to the outside dimensions (if one analyzes the entire heat exchanger, say,
experimentally), or one appropriate representative volume (if one analyzes the heat exchanger
by employing a numerical model). In the present work, only the second choice came into consideration. Nevertheless, that volume needs to be corrected with half of the channel height, otherwise, the heat exchanger performance plot would result in a higher performance for heat exchangers with shorter pin lengths, which cannot be true. The corrected heat exchanger volume
used to normalize the heat transfer and the energy input, was obtained as a product of the bare
surface area of the heat exchanger, as employed in the numerical model, and the corrected
height hc = l pc .
The performance diagrams obtained in that way reveal that for in-line arrangements, a better
performance of heat exchangers can be obtained with pin length to pin diameter ratios of lp/d =
10-15 (Fig. 7.8). These values of the lp/d ratio correspond to the values obtained based on the
pin performance analysis in the previous chapter.
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Fig. 7.8 Performance of heat exchanger with different pin lengths
(in-line arrangement, ST/d = SL/d = 3.5).

Similar conclusions were derived from the heat exchanger performance plot for the staggered
pin arrangement (Fig. 7.9). In this case, the best performance was observed for heat exchangers
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with lp/d ratios of 7.5-12.5, which again is in agreement with the values obtained in the previous
chapter.
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Fig. 7.9 Performance of heat exchanger with different pin lengths
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Chapter 8
Performance Comparison of a Pin Fin and a Louvered Fin
Heat Exchanger
In Chapter 6, it was mentioned that wavy, strip and louvered fins were being continually optimized in order to meet the increased demands on heat transfer, pressure drop and weight of heat
exchanger for application in various industrial fields. Although Kays (1955) in his work on pin
fin heat transfer surfaces concluded that pin fin heat transfer surfaces can be competitive with
other fin forms, no serious attempt was subsequently made to optimize pins as alternative fin
forms. In another study, Kays and Crawford (1993), while analyzing the methods for obtaining
high-performance heat transfer surfaces, suggested that the performance of strip fins could be
further improved by cutting the fins to still shorter elements. They stated that pin fins would
represent the limit of short-segmented strip fins. However, they stated that a reduction in the fin
flow length by maintaining the same fin thickness might lead to an opposite effect because of
the increase in pressure drop. Otherwise, the decrease in the fin cross-section by maintaining the
side ratio is limited to some certain value beyond which no heat can be effectively conducted
through the base of the fin. Hence they stated that circular pins would represent the limit of
short-segmented strip fins, because the shortest possible strip fin would be a square fin and this
is always characterized with a higher pressure drop than the circular pin. Furthermore, the numerical analysis of various pin cross-sections presented in Chapter 5 shows that a high pressure
drop of square pins is not followed by high heat transfer coefficients, which would compensated
for the poor pressure drop characteristics. The lack of availability of the data on pin fin heat
transfer surfaces for application in the air conditioning and automobile industries, however, has
so far prevented any direct comparison of pin fins with other common high-performance surfaces. Hence in Chapter 6 comprehensive computations were performed in order to obtain basic
heat transfer and pressure drop characteristics of pin fin heat transfer surfaces as an alternative
to wavy, strip and louvered fin surfaces. The aim of the work presented in the present chapter
was a comparison of the performance of such pin surfaces with a common type of louvered fin
surface. In order to perform the comparison with an up-to-date louvered fin-heat exchanger, a
louvered fin heat exchanger model was obtained commercially and tested experimentally. The
experimental facility, measurement procedure and results are presented in the following sections.

8.1 Experimental Facility
In order to derive basic heat transfer and pressure drop data for the louvered fin heat transfer
surface, a section from a flat-tube and louvered fin heat exchanger was cut and tested experimentally. Basic dimensions of the cut louvered fin heat exchanger are given in Fig. 8.1. In order
to avoid leakage problems, only the part enclosing the louvered fin was selected. The water
channel that supplied heat to the air passing through the fins was simulated by silicon heating
foils (Horn, Germany) with a heating capacity of 5.5 W/cm2 on each side of the air channel.
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Fig. 8.1 Cut of flat tube and louvered fin heat exchanger (dimensions in mm)

A uniform air stream through the fins was provided by a radial fan (Miele, Germany) with a
power of 1300 W, which was attached at the exit of the wooden wind tunnel (Fig. 8.2).
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Computer

Fig. 8.2 Experimental heat exchanger facility.

In order to obtain a uniform flow of the air stream in the test section, a settling chamber constructed accordingly to DIN 24 163 was located directly after the inlet nozzle. The inlet nozzle
that was manufactured according to VDI/VDE 2041 was used to obtain the pressure drop necessary to calculate the air flow rate through the test section. Furthermore, for the same purposes
the ambient air temperature and pressure were noted at the beginning and end of each run sequence. The pressure drop on the inlet nozzle was measured with a pressure transducer
(Schoppe & Faeser, Germany) with an accuracy of ±0.25% of the reading value. The adjustment
of the air flow rate was performed with a laboratory-made power controller. The air temperature
at the inlet and outlet of the heat exchanger was measured by 5 type T thermocouples in each
section. The exact positions of thermocouples in the air channel, chosen according to DIN EN
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308 and DIN EN 1216, are shown in Fig. 8.3. In order to obtain the mean wall temperature, 6 Ttype thermocouples were located between the heating foil and heat exchanger wall on each side.
The T-type thermocouples were manufactured by TC Mess- und Regeltechnik (Germany) with
class 1 accuracy (DIN EN 60584-2). For the reading of the corresponding temperatures, a TCM24 thermocouple temperature monitor (Cambridge Accusense, UK) was used.
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Fig. 8.3 Temperature and pressure reading locations.

The temperature of the heat exchanger walls was controlled by two control units (Omron, Germany). The reference temperature was measured with two Type T thermocouples located between each wall and the heating foil.
In order to measure the pressure drop, the pressure taps were located at the inlet and outlet of the
heat exchanger. The mean pressure values were taken from 3 pressure taps on the top and 3 on
the bottom wall in each section. To avoid the effect of the heat exchanger outlet on the reading
accuracy, the outlet pressure taps were located according to the recommendation of Kays
(1950a) far downstream in the heat exchanger (Fig. 8.3)
The difference between the mean pressure at the inlet and outlet of the heat exchanger was detected by highly-precision micromanometer (Schiltknecht, Switzerland) with a reading range of
0 to 300 mmH2O and an accuracy of ±0.03% for the end reading value.
During the experiments, particular attention was paid to possible leakages in the wind channel.
Hence in each connection between two different parts, adequate adhesive sealing tapes were
applied. The heating foils were covered by the corresponding wooden pieces, which pressed the
foils against the heat exchanger wall in order to provide good contact between them (Fig. 8.4).
At the same time, wood as a poorly conductive material reduced the heat flow (heat losses) between the wall and the ambient.

8.2 Data Reduction Procedure
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Fig. 8.4 Photograph of test section.

8.2 Data Reduction Procedure
The heat exchanger was tested at different values of the inlet air velocities, which were selected
to be close to those used by Kays and London (1950a,b). Hence the heat transfer and pressure
drop data were experimentally obtained for inlet velocities between 2.5 and 9 m/s. The experimental investigations were performed for wall temperatures of 60 and 70°C.
The first step in the data reduction procedure was the estimation of the flow rate through the
wind tunnel. For this reason, a special nozzle with an inner diameter of 10 mm was located at
the inlet section of the settling chamber. By applying Bernoulli’s equation at sections before the
nozzle and at the nozzle, one obtains the equation for the air velocity in the nozzle u n :
un =

2∆p

ρ

(8.1)

where ∆p denotes the pressure drop in the nozzle and ρ the air density.
The air density was calculated from the ideal gas law:

ρ=

p
RT

(8.2)

where R = 287 J/kgK is the gas constant.
The ambient temperature T and pressure p (Eq. 8.2) were calculated as the mean of the values
taken at the beginning and at the end of each measurement sequence.
The volume flow rate through the nozzle was obtained as the product of the nozzle velocity (Eq.
8.1) and the nozzle cross-section:

πd
V&n = u n n
4

2

where d n = 10 mm is the nozzle diameter.

(8.3)
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Owing to the stationary working conditions, and by assuming no leakage in the test rig, the volume flow rate in the free section of the channel test section V& can be taken to be the same as
fr

that in the nozzle (Eq. 8.3). The air velocity in the free section of the channel u fr was obtained
as the ratio between the volume flow rate V& fr and free cross-section of the channel Afr. The Re of
the flow through the test section was calculated based on the channel hydraulic diameter dh:
Re =

ρu fr d h
µ

(8.4)

where µ denotes the dynamic air viscosity.
The hydraulic diameter of the channel was calculated from the standard expression
dh =

4 A fr
P

(8.5)

where P denotes the perimeter of the channel.
The heat transfer rate of the flat-tube and louvered fin heat exchanger model was estimated from
the enthalpy difference at the outlet and inlet of the test section:
Q& = ρV& fr c p (Tout − Tin )

(8.6)

where c p is the specific heat of air and Tin and Tout are the mean air temperatures at the inlet and
outlet of test section, respectively.
Similarly to the calculations in the previous chapters, the heat transfer coefficient of the present
louvered fin heat exchanger hf was normalized to the bare surface area of the heat exchanger
(free area of the wall and the wall area occupied by fins) Ab:
hf =

Q&
(T − Tin ) − (Tw − Tlout )
2 Ab ln w
Tw − Tin
Tw − Tlout

(8.7)

where Tw represents the mean wall temperature.
The heat transfer data in the dimensionless form were presented by using Nuf:
Nu f =

hf dh
ka

(8.8)

where ka is the thermal conductivity of the air.
The pressure difference measured by the micromanometer ∆p mn represents the sum of the total
pressure drop in the heat exchanger ∆pt and the pressure drop in the straight channel portion
from the heat exchanger outlet to the outlet pressure taps ∆p ch . Pressure channel losses were
evaluated by using the following explicit expression from Haland (1983):
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−2

(8.9)

where κ represents the wooden wall roughness (= 0.5 mm).
The pressure drop due to the fluid friction in the channel ∆p ch was evaluated using DarcyWeisbach equation (White, 1999):

∆p ch = f ch

2
l ch ρu fr
dh 2

(8.10)

where l ch is the channel length between the heat exchanger outlet and outlet pressure taps ( =
1020 mm).
In order to calculate the pressure drop through the heat exchanger model, the pressure losses
between the heat exchanger outlet and the outlet pressure taps have to be subtracted from the
corresponding pressure drop measured by the micro-manometer (∆p mn ) . Hence the following
expression was used to evaluate the total pressure drop in the heat exchanger:

∆pt = ∆p mn

2
lch ρu fr
− f ch
dh 2

(8.11)

The dimensionless form of the pressure drop data was presented in terms of the louvered fin
friction factor f f :
ff =

2∆pt d h
l fl ρu 2fr

(8.12)

where l fl denotes the flow length of the louvered fin heat exchanger model (= 40 mm).
As already mentioned, the aim of the work presented in the present chapter was the comparison
of the performances of the common flat-tube and louvered fin heat exchanger with a numerically simulated flat-tube and pin fin heat exchanger. The performance comparison was made
based on the heat exchanger performance plot presented in Chapter 4 and extensively applied in
Chapters 5-7. The heat transfer rate and power input performance characteristics were evaluated
by the same expressions as given by Eqs. (5.30) and (5.32).

8.3 Results of Louvered Fin Heat Exchanger Model
The measurements were performed for two values of the wall temperature, t w = 60 and 70 °C.
For each wall temperature 6 different air flow rates were used. As is usually done, the heat transfer characteristics were presented in the form of Nu as a function of Re (Fig. 8.5). The presented
Nu (Fig. 8.5) reveals a weak influence of the wall temperature on the heat transfer coefficient.
Furthermore one can see once again a weak Nu increase with an increase in Re (see also Fig. 3.4
in Chapter 3).
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As expected, an increase in the wall temperature results in a lower density of the air passing
through the heat exchanger. Hence, because of the mass conservation law, the air velocity at the
end of the heat exchanger flow length is larger for higher wall temperatures. This effect results
in an increase in the pressure drop and hence also in the friction factor. However, in the present
work such an increase is minor (Fig. 8.6) owing to the small increase of the wall temperature
( ∆t w = 10 °C).
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Fig. 8.5 Heat transfer data for louvered fin heat exchanger model
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Fig. 8.6 Pressure drop data for louvered fin heat exchanger model

8.4 Numerical Model of Pin Fin Heat Exchanger
The selected flat-tube and louvered fin heat exchanger described in the previous section was one
of the best available on the market. Hence for the comparison purposes the best performing pin
fin configurations resulting from the parametric study in Chapter 6 were selected to build the
numerical model. A comparison of the best performing pins for in-line and staggered arrangements, for different dimensionless streamwise and transverse pin distances (Fig. 6.26) shows
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that both arrangements S T / d = 3.5 and S L / d = 1.5 are followed by the highest performance of
the flat-tube and pin fin heat exchanger. Thus a comparison of the experimentally investigated
flat-tube and louvered fin heat exchanger model with a flat-tube and pin fin heat exchanger having staggered and in-line pin arrangements, with dimensions as presented in Fig. 8.7, was performed.
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Fig. 8.7 Pin fin configurations selected for comparison: a) staggered
arrangement; b) In-line arrangement (dimensions in mm).

The height of the air channel containing pins was chosen to be the same as the height of the air
channel of the corresponding louvered fin model (= 8 mm, Fig. 8.1). Further, the flow length
was selected in analogy with the flow length of the louvered fin model (= 40 mm, Fig. 8.1). This
flow length resulted in 76 pin rows in the flow direction.
The boundary conditions for performing the numerical simulations of the flat-tube and pin fin
heat exchanger were the same as those used for the parametric study in Chapter 6 (Fig. 6.3).
However, the values of the wall temperature, inlet air temperature and inlet air velocities were
chosen to meet the experimental values of the louvered fin heat exchanger. Also, the material
properties of the pins were taken to be the same as those of the louvered fins (aluminum). For
comparison purposes, only the data for the louvered fin model with a wall temperature of 70 °C
were considered. For inlet velocities between 2 and 9 m/s and for the arrangement presented in
Fig. 8.5, the flow regime over the pins was completely laminar.

8.5 Numerical Results
The data reduction procedure to obtain the heat transfer and pressure drop characteristics of the
simulated pin fin configuration was the same as that presented in Chapter 5 [Eqs. (5.13) to
(5.32)]. The only difference was in the manner of presentation of the pressure drop data, which
for the present computations were presented in terms of equivalent friction factor f instead of the
usual presentation in terms of Eu (Chapters 5 and 6). The friction factor in the present computations includes all contributions to the pressure drop, namely the form and friction drags and the
contribution due to flow acceleration. Nevertheless, it was calculated by Eq. (8.12), which is
used to calculate the pressure drop in smooth pipes or channels, where no other factor except the
friction contributes to the pressure drop.

Performance Comparison of a Pin Fin and a Louvered Fin Heat Exchanger

124

In this way, it was possible to use the channel hydraulic diameter and heat exchanger flow
length to compute the pressure drop data of louvered fin and pin fin heat exchanger models. The
data presented show that the increase in Nup for the staggered arrangement (Fig. 8.8) is followed
by a much higher increase of the friction factor fp compared with the in-line pin arrangement
(Fig. 8.9). Although this behavior of heat transfer and pressure drop data indicates a good performance of the in-line arrangement, the quantitative measure of the corresponding performance
can be obtained by the heat exchanger performance plot that will be presented in the next section.
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8.6 Performance Comparison and Analysis
After the basic data for the louvered fin and pin fin heat exchanger models has been obtained
and presented graphically, it was possible to proceed with the evaluation of their overall per-

8.6 Performance Comparison and Analysis

125

formances (performance based on the heat transfer rate and power input), in terms of a single
curve for each heat exchanger model.
The performance diagram (Fig. 8.10) shows that the flat-tube and pin fin heat exchanger with inline pin arrangement offers the best performance. Note that the louvered fin heat exchanger with
a wall temperature of 70°C shows a better performance than that with a wall temperature of
60°C. The changes in the performance of the same heat exchanger are introduced by the dissimilar working conditions. By comparison of the heat exchangers via the performance plot, for different working conditions (different flow rates and/or different temperature differences), one
compares the entire heat exchanger and not the heat transfer surfaces. This conclusion results
from Eq. (4.18) for the heat transfer rate, which for the present computations with constant wall
temperatures takes the form
Q& = ε (m& c p )(Tw − Tin )

(8.13)
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Fig. 8.10 Performance diagram of louvered fin and pin fin heat exchanger models

By comparison of the entire heat exchanger, no matter what the flow rates and the temperature
differences are, one can only note the actual performance without having the possibility of making any statement regarding the performance of the heat transfer surface itself. However, in most
practical applications, only a comparison of the performance of heat transfer surfaces is required. In order to achieve such a performance comparison, one should fix all parameters with
the exception of those that characterize the heat transfer surfaces under comparison. Thereby,
one should take into consideration not only the form of the equation for the heat transfer (Eq.
8.13), but also the equation for the power input (Eq. 8.14):

E = m& f

l u2
m& 3
l
=
f
2 2
d h 2 2 ρ Ac d h

where Ac denotes the cross-section of the free fluid stream.

(8.14)

126

Performance Comparison of a Pin Fin and a Louvered Fin Heat Exchanger

In Chapter 4, it was mentioned that the basic advantage of the heat exchanger performance plot
lies in accurate comparison of high-performance heat transfer surfaces. Such surfaces are optimized to such an extent that their performance difference is of the order of 10-20%. The differences in mean fluid temperature for such a small performance difference are minor and therefore
the fluid properties in Eqs. (8.13) and (8.14) may be considered to be constant. Hence for constant mass flow rates and temperature differences, the only difference in the performance of the
heat transfer surfaces comes from different heat transfer surface parameters (Ac, l, dh), friction
factor f and heat exchanger efficiency ε . Otherwise, for constant mass flow rates and constant
fluid properties the friction factor and heat exchanger efficiency depend only on the geometrical
parameters of the heat transfer surface:

f = function(l , d h , Ac ) , m& = constant

(8.15)

ε = function(h , Ah ) , m& = constant

(8.16)

where h represents the heat transfer coefficient of the surface (considered a constant for a surface) and Ah the heat transfer surface area. Note that the constant flow rate over the higher performance surface (Eqs. 8.15) is provided by maintaining of constant flow velocities corresponding to operating points and by corresponding increase of the cross section area of the surface.
By summarizing the analysis related to Eqs. (8.13) to (8.16), the constraints introduced in Section 4.4 for the performance comparison of heat transfer surfaces can be emphasized once again,
namely the heat exchanger performance plot can be used for a comparison of different heat
transfer surfaces provided that one maintains

•

the same mass flow rate,

•

the same inlet temperature of the fluid on the side under comparison,

•

the same inlet temperature of the fluid on the other side (same wall temperature for the
heat exchanger with a constant wall temperature),

•

the same heat exchanger flow length.

Another issue worth discussing in relation to Fig. 8.10 is the performance of the pin fin heat
exchanger with in-line and staggered pin arrangements. The performance comparison of these
two configurations in Fig. 6.26 (Chapter 6) reveals that for a shorter flow length (16 pin rows in
the streamwise direction) the staggered pin arrangement results in higher performance of the
pertinent heat exchanger than an in-line pin arrangement. However, as already explained in the
corresponding section of Chapter 6, by using a large flow length the performance behavior will
change in favor of an in-line pin arrangement. The present computations were performed to
simulate the flat-tube and pin fin heat exchanger with a flow length of 40 mm, corresponding to
76 pin rows in the streamwise direction. For such a large flow length the pressure drop increase
with a staggered arrangement is much larger than with an in-line arrangement. The subsequent
increases in the outlet fluid temperatures in both arrangements were characterized with a very
small difference. Hence the in-line pin arrangement resulted in a substantial performance advantage compared with the staggered arrangement for the present heat exchanger.
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Coming back to the major objective of the work in the present chapter, it can be concluded that
the numerically investigated pin fin heat exchanger resulted in a better performance than the
corresponding experimentally investigated louvered fin heat exchanger. Nevertheless, the author
is aware that the best and full valid comparison would be an experimental comparison of both
heat exchangers. Hence, in order to help in settling possible disputes regarding the performance
advantages of the pin fin compared with the louvered fin heat exchanger, the author redrew the
performance of the in-line pin fin heat exchanger for the worst case. The worst case was taken to
be that with the largest deviation of experimental and numerical data obtained from the comparison of experimental data of Kays (1955) (Figs. 5.11 and 5.12) with the corresponding numerical data. For the range of Re in the present computations, the comparison performed in
Chapter 4 revealed a 2.5% higher Nu and 17.5% higher Eu for experiments compared with numerical computations. Taking the noted deviation for Eu to be the same as that for the friction
factor f, the performance curve of the in-line pin arrangement was recalculated and is presented
in Fig. 8.11.
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Fig. 8.11 Performance of the worst case of in-line pin fin compared with that
of the louvered fin heat exchanger.
As already explained in Chapter 4, the performance comparison of the heat exchanger volume
for the same duty (same heat transfer rate and same power input) results in the comparison of
the volumes of the characteristics points lying on the corresponding curves. The characteristic
points (in the present computations a and b) are obtained as the intersection of the curves under
comparison and the comparison line passing through the center of the coordinate system. The
ratio between the specific heat transfer rate and specific power input of the characteristic points
q& v / ev represents the slope of the comparison line. Such a relationship between the performance
curves, characteristic points and comparison line results from the simple relations representing
the specific heat transfer rate and specific power input [Eqs. (8.17) and (8.18)]:

q& v =

Q&
V

(8.17)
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ev =

E
V

(8.18)

What is required is the heat exchanger volume V for the same heat transfer rate Q& and the same
power input E ( Q& = constant and E = constant). This can be interpreted as a comparison of heat
exchanger volumes for the same duty. By comparison of the performances of heat exchangers
represented by different curves in the performance plot and keeping Q& and E constant, q& v and

ev are proportional to 1 / V [Eqs. (8.17) and (8.18)]. Hence in such a case q& v and ev represent
the coordinates of the straight lines (Fig. 8.11).
Taking the first characteristic point to be the first point on the curve for the louvered fin heat
exchanger (point a, Fig.8.11), the analysis results in the comparison of the heat exchanger volume of that point with the volume of the pin fin heat exchanger corresponding to the characteristic point b:
eva
Va
E a = Eb
evaVa = evbVb
evb
⇒
⇒
From
⇒ Vb = 0.78Va
(q& vaVa = q vbVb )
q& va
(Q& a = Q& b )
(Vb =
Va )
q& vb
Vb =

(8.19)

Hence the pin fin heat exchanger with in-line arrangement (worst case) would be able to perform the same duty as the louvered fin heat exchanger but with a 22 % smaller volume.

Chapter 9
Summary, Conclusions and Outlook
Comprehensive analytical, experimental and numerical investigations of heat transfer surfaces
with pins-fins as one of the most effective passive elements for the enhancement of heat transfer
were performed. It was demonstrated that pin fins belong to the group of fins that simultaneously increase both the heat transfer surface area and the heat transfer coefficient. After a brief
review of the basic characteristics of wavy, strip and louvered fins as other effective and wellestablished elements for the heat transfer enhancement, a simple analytical method for the assessment of heat transfer enhancement was provided. The analysis was performed by using pins
as elements for heat transfer enhancement, but in principle it can be applied to any other fin
form. By making use of Fourier’s law for conduction, it was shown that the intensity of heat
transfer by pins depends in an interrelated mode on pin material, pin length, fluid flow velocity
and population density of the bare plate with pins (coverage ratio). It was shown that by appropriate selection of these factors, heat transfer enhancement factors of the order of 70 compared
with bare (non-enhanced) surface can be achieved. In order to check the analytically obtained
order of magnitude of heat transfer enhancement by pins, a double pipe pin-fin heat exchanger
was tested experimentally. The results were compared with those for a smooth double pipe heat
exchanger with the same geometric parameters. By comparison of the experimental heat transfer
data presented in terms of Nu, similar order of magnitude of heat transfer enhancement was obtained. Nevertheless, in most applications, the heat transfer characteristics are not the only decisive factor in the selection of a particular heat transfer surface: the pressure drop is also an
equally important factor. Hence in addition to the heat transfer characteristics, the pressure drops
of pin fin and smooth pipe heat exchangers were compared. The comparison showed that with a
pin fin heat exchanger the pressure drop increases even more than the increase in heat transfer.
Hence if the decision about the application of the pin fin heat transfer surface or the smooth surface were taken solely based on Nu and f values, one would immediately take the decision in
favor of a smooth heat transfer surface. The same decision would be taken also from a comparison of Nu and f for other effective heat transfer surfaces with those for the smooth one. Nevertheless, it is well known that in all applications where high heat transfer rates have to be provided within a small available volume for location of the heat exchanger, high effective heat
transfer surfaces containing wavy, strip, louvered or pin fins are applied. Hence the conclusions
that can be drawn from the first part of the thesis are as follows:
1. Pin fin heat transfer surfaces are characterized by much higher heat transfer rates
but also much higher pressure drops compared with the smooth surface ones,
2. Although dimensionless parameters for heat transfer (Nu) and pressure drop (f) are
very important for the scaling of the results of the heat exchanger with similar geometries, they do not provide a tool for the comparison of the performances of different heat transfer surfaces. Rather, the use of such parameters for the performance comparison will result in a misleading impression that non-enhanced (bare)
surfaces are more effective with regard to heat transfer and pressure drop compared with enhanced surfaces.
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3. For performance evaluation of the heat transfer surfaces by consideration of both
heat transfer and pressure drop, appropriate comparison methods have to be developed.

The last conclusion led to a comprehensive literature search of methods developed for the selection of heat transfer surface based on adequate performance comparisons. It was found that a
variety of such methods have been proposed and tested in the past. Three of these were found to
be the most widely applied and were discussed in detail. These are the methods of London and
Ferguson (1949), which was adapted from Colburn (1942), the method of LaHaye (1974), and
the method of Soland (1978). It was demonstrated that the basic feature of such methods was a
comparison of heat transfer and the required power input relationships, which were derived as
functions of heat transfer coefficient h or the Coburn factor j and friction factor f. In this way,
the above authors provided expressions which might be used to compare the heat transfer surfaces for which data are available in the literature. These methods allow a relatively easy and
fast procedure for the selection of heat transfer surfaces for a particular application. However,
such a selection is based on an approximate performance estimation as the final heat transfer
depends not only on h (or j) but also on the difference between the surface and bulk fluid temperatures. A higher heat transfer coefficients h is related to small temperature differences and
hence the heat transfer rate will be lower than the value predicted by the direct comparison of
the heat transfer coefficients. Furthermore, a performance comparison of geometrically similar
heat transfer surfaces but with different flow lengths is not possible based on the heat transfer
coefficient, as this parameter is defined to be a constant for a particular surface no matter what
the flow length is. Another inconvenience in the application of h and f for the comparison performance may be encountered with novel heat transfer surfaces. Although a design engineer is
basically interested in the heat transfer rate and pressure drop of newly developed surfaces, for
approximate comparison of their performances it is necessary to convert the basic data into h
and f. On the other hand the approximate assessment of the performance of new surfaces might
lead to the selection of surfaces that will fail to perform their duty according to the predicted
performance. Such wrong decisions are inevitably followed by increased cost and additional
time for the development of new heat transfer surfaces. Hence in the present thesis a new performance comparison method was proposed and demonstrated. The present method compares
the performances of heat transfer surfaces or of the entire heat exchangers by a direct comparison of the heat flux and power input normalized to the heat exchanger volume. The heat exchanger performance plot as the key tool of the present comparison method relates the three
most important parameters for heat exchanger selection: heat flux, power input and heat exchanger volume. It allows comparison of the performance of newly tested heat transfer surfaces
for the same mass flow rates, same inlet fluid temperatures of both fluid streams and same flow
length. In addition, the material properties of the surfaces under comparison have to be the
same. In the present work, it was demonstrated that the performance plot allows also the comparison of heat transfer surfaces based on the available data such as the heat transfer coefficient
h and friction factor f. However, in this case the comparison method requires the evaluation of
heat flux and pressure drop of such surfaces from available h and f for particular values of mass
flow rates and inlet fluid temperatures of both fluid streams. Additional calculations required for
the performance comparison in the selection procedure of a particular surface with available h
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and f, “are paid back” with high confidence that the selected surface will also in practice perform the required duty. For different mass flow rates, different inlet fluid temperatures and different material properties of surfaces, the performance plot allows a comparison of the performance of the entire heat exchanger in the actual state. The performance comparison by the present
method resulted in a 77% smaller volume of the double pipe pin fin heat exchanger compared
with the smooth pipe heat exchanger for the same duty. The basic advantages of the present
comparison method are:
1. Simple and accurate comparison of the performance of new tested heat transfer
surfaces.
2. The possibility of comparison based only on the raw data such as the inlet and outlet fluid temperatures, mass flow rates and volume occupied by the heat transfer
surfaces.
3. High confidence in the performance comparison of surfaces with available data in
terms of heat transfer coefficient h and friction factor j.
4. The possibility of comparison of entire heat exchangers in their actual state regardless of the working conditions, flow arrangement, surface material properties and
heat exchanger form.
The practical proof of the applicability of the present performance comparison method opened
the way to proceed with investigations of other aspects of pin fin heat transfer surfaces. Owing
to their excellent heat transfer characteristics, pin fins are used in various industrial applications,
where the removal of high thermal loads within a small available volume for the heat exchanger
is a major constraint. Cooling of various electronic components is one such application. Pin fins
in various shapes and materials are becoming standard fin forms for the cooling of electronic
components with continually increasing power dissipation rates. To the author’s knowledge, no
systematic investigation of the influence of the pin cross-section on the overall performance of
pin fin arrays has been carried out in the past. Hence one of the further objectives of the present
study was the comprehensive investigation of the influence of the cross-sectional form on the
performance of pin fin arrays used in the electronics industry. In order to have a fair comparison, the numerical investigations were performed for two different comparison criteria containing constraints on various geometric parameters which in addition to the pin cross-section might
influence their performance. The constraints of the first comparison criteria (FCC) were chosen
from the viewpoint of fluid dynamic similarity whereas the constraints of the second comparison
criteria (SCC) were selected based on some practical aspects of the applications of pin fins.
With the intention of investigating the performance for a wide range of arrangements and crosssections, staggered and in-line pin arrangements of NACA, elliptical, lancet, circular, drop and
square cross-sections were investigated. The comparisons performed on the performance plot
resulted in the following conclusions:
1. For the staggered pin arrangement, pins with an elliptical cross-section performed
better than all other pins.
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2. For the in-line arrangement and FCC, pins with circular cross-section performed
better, but for SCC of the same arrangement, elliptical pins showed a better performance than other cross-sections.
3. The NACA profiles do not show any substantial advantage over other profiles for
the low Re and for the selected aspect ratio of the NACA profile considered in the
present study.

In contrast to the application of pin fins in the electronics industry, gas turbine blades and hot
water boilers, their application in the refrigeration, air conditioning and automobile industries
has not been seen. Apart from one early study by Kays (1955), who demonstrated that the pin
fins show competitive characteristics compared with common interrupted fin forms (wavy, strip
and louvered fins), no serious attempt has since been made to employ pin fins in such industrial
fields. In the author’s opinion, the major reason lies in the manufacturing difficulties of pin fin
heat exchangers in the form which is common in these industrial fields. The common form
would require the fixing of the small diameter pins between the outside walls of flat tubes carrying liquid. A fast and economic method of placing closely spaced pins between such walls and
thereby providing good contact between the walls and the pin base has not been developed so
far. However, the limitations reached in the optimization of the common interrupted fin forms
recently led various companies to start work towards the optimization of pins and comparison of
their performance with those of other interrupted fins. The optimization and performance comparison requires the knowledge of the basic heat transfer and pressure drop characteristics of pin
fins, which might be considered as an alternative to other fin forms. In order to derive such
characteristics, an extensive numerical parametric study of small diameter pin fin arrays with
staggered and in-line arrangements was performed in the present work. The influence of the
streamwise and transverse distances, the pin length and the fluid flow velocity on the performance of flat-tube and pin fin heat exchangers was assessed by the use of heat exchanger performance plots. In order to present the heat transfer and pressure drop data in terms of single
equations, a regression analysis was performed for both pin arrangements. The derived Nu and
Eu in terms of Re, dimensionless streamwise and transverse pin distances and dimensionless pin
length permits the easy evaluation of the performance of the pin fin heat transfer surfaces and
their comparison with common heat transfer surfaces. It was further demonstrated that by using
a pin length corrected for the effect of area blockage due to channels carrying fluid, a similar
optimal pin length can be derived from the heat exchanger performance plot and from the analysis of pin performance parameters. For the in-line pin arrangement a pin length to pin diameter
ratio lp/d = 10-15 was found to result in the best heat exchanger performance, whereas for staggered pin arrangement the same analysis resulted in lp/d = 7.5-12.5. A similar order of the magnitude of this ratio was suggested by different authors based on the analysis of a simplified case
of heat transfer from a pin.
In addition to the initial observations of Kays (1955) regarding pin fin performance, Kays and
Crawford (1993), by analyzing the methods which lead to high-performance heat transfer surfaces, stated that by cutting the strip fins into still shorter lengths their performance could be
further improved. They suggested indirectly that as far as the performance of heat transfer surfaces that can be maximally obtained by conventional methods is concerned, pin fins might be
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the limit of such short cut fins. Hence the previous chapter here concerns the comparison between the performance of a flat-tube and louvered fin heat exchanger and a flat-tube and pin fin
heat exchanger model. The experimentally tested louvered fin heat exchanger model was compared with a numerically tested pin fin heat exchanger. In order to consider the common deviations between the numerical and experimental results, the performance of the pin fin heat exchanger was reduced by taking the maximal deviations obtained by a comparison of the numerical data of another pin fin model and the experimental data of Kays (1955). Nevertheless, pin
fins resulted in a higher performance, which in mean led to a 22% smaller volume for the pin fin
heat exchanger compared with the louvered fin heat exchanger for the same duty.
The analysis of the overall performance of the pin fin heat transfer in the present thesis relies on
simple experiments and extensive numerical simulations. At the time when the work was
started, production methods which would allow low-cost production of pin fin surfaces with
small pin diameters ( ~0.5 mm) were not known.
Nevertheless, the undoubtedly high heat transfer potential of pin fins has recently led many
companies to invest in development appropriate manufacturing procedures for fast and chip
production of such heat transfer surfaces. One technique particularly worth mentioning is the
“MicroForging” technique of Alpha (Japan). This technique allows the production of pin fins
with a diameter of up to 0.5 mm and length to diameter ratio of up to 50 (Fig. 9.1). Such dimensions of pins are quite close to those discussed in the present theses. Hence it is highly recommended, based on the utilization of the recently developed production methods, to perform extensive experimental investigations of pin fin surfaces similar to those analyzed in the present
work.

Fig. 9.1 High- and low-density pin fin heat sinks (Alpha, Japan)
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Einführung
Der Stand der Technik bei der Erhöhung des Wärmeüberganges
Wärmeübertrager werden in zahlreichen Anlagen im Bereich der Industrie, des Transportes, des
Handels und der Haustechnik eingesetzt. Beispiele sind Kraftwerke, Heizungs- und Klimaanlagen, Raumfahrttechnk und Bauteilen der Elektronik-Industrie. Verbesserungen im Bereich der
Wärmeübertragerleistung, in allen diesen Bereichen, können deshalb zu wesentlichen Einsparungen an Kosten, Zeit- und Material führen. In der Vergangenheit sind dazu zahlreiche Untersuchungen durchgeführt worden. Es wurde nach Arbeitsmedien mit guten Wärmeleiteigenschaften gesucht, es wurde deren Strömungsverhalten erforscht, und es wurden hoch-effiziente Wärmeübergangsflächen mit gut wärmeleitenden Materialen entwickelt – immer mit dem Ziel, die
Wärmeübertragerleistung zu erhöhen. In solchen Untersuchungen wurden sowohl für den einphasigen als auch für den zweiphasigen Wärmeübergang effiziente Methoden zu dessen Erhöhung vorgeschlagen Die vorliegende Arbeit beschränkt sich auf die Methoden zur Erhöhung des
einphasigen Wärmeüberganges. Über 8000 technische Beiträge und Berichte sind bisher in unterschiedlichen bibliographischen Formen veröffentlicht worden – als Berichte, als Monographien, oder als Zeitschriftenaufsätze; mit jährlich steigender Tendenz (Bergles et al., 1995 and
Manglick, 2003). Die in solchen Quellen berichteten Methoden zur Erhöhung des Wärmübergangs können nach unterschiedlichen Kriterien systematisiert werden; die wichtigste Unterscheidung ist aber die in passive und aktive Methoden.
Die Grundlage jeder aktiven Methode zur Erhöhung des Wärmeüberganges liegt in der Verwendung einer externen Leistungsquelle, um durch Vermischung der Arbeitsfluide, durch das Rotieren von Wärmeübergangsflächen, durch das Vibrieren von Wärmeübergangsflächen oder der
Arbeitsmedien selbst oder durch die Entstehung von elektrostatischen Felder einen besseren
Wärmeübergang zu ermöglichen. Während die mechanischen Maßnahmen (Mischung der Medien und Rotieren der Wärmeübergangsflächen) ihren Einsatz in bestimmten Anwendungen
gefunden haben, sind die elektrostatischen Techniken nur in Wärmeübertragerprototypen demonstriert worden. Eine solche Technik benutzt elektrisch induzierte sekundäre Strömungen,
um die Grenzschicht in der Nähe die Wände zu zerstören und dadurch den Wärmeübergang wesentlich zu erhöhen (ASHRAE, 1997). In Allgemeinen haben sich die aktiven Methoden aber
wegen der hohen Investitions- und Betriebskosten sowie wegen Problemen mit Vibration und
Geräuschen nicht in der Praxis etabliert (Webb, 1987).
Die meisten Techniken zur Erhöhung des Wärmeübergangs, die sich in der Praxis durchgesetzt
haben, sind mit Elementen für die Erhöhung des Wärmeüberganges bestückt. Alle passiven Methoden zielen auf die Erhöhung des Produktes zwischen den Wärmeübergangskoeffizienten und
der Wärmeübergangsfläche.
Die Wahl einer bestimmten passiven Methode wird im Wesentlichen von der Art der Konvektion (natürliche oder erzwungene Konvektion) und von den gewählten Arbeitsmedien bestimmt.
Dabei müssen die in der Richtung des Wärmestromes bestehenden Wärmewiderstände berücksichtigt werden. So wird z. B. keine Investition in die Reduktion von bereits kleinen thermischen Widerständen empfohlen. Deshalb sollen auch Maßnahmen zur Erhöhung des Wärme-
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übergangs bei Fluid/Gas- Wärmeübertragern grundsätzlich an der Gasseite vorgenommen werden, da Gase deutlich niedrigere Wärmeleitzahlen als Flüssigkeiten aufweisen.
Den Hauptwiderstand für die Wärmeübergang von festen Wänden auf kontaktierende Flüssigkeiten stellen die sich in der Nähe der Wände langsam bewegenden Fluidschichten dar. Die unter dem Aspekt der Wärmeübergangskoeffizienten besten Strömungsregime sind die turbulenten
oder Übergangsströmungsregime, weil z. B. für eine laminare Grenzschicht der Strömung über
einer Fläche h ≈ u 0.5 ist, für eine turbulente Grenzschicht h ≈ u 0.8 und für eine ÜbergangsGrenzschicht h ≈ u 1.4 (Zukauskas, 1989). Die natürliche Entwicklung der Turbulenz startet allerdings erst bei relativ hohen Geschwindigkeiten, und weil ∆ p ≈ u 2 beträgt, ist sie mit erhebliche Druckverlusten verknüpft. Deshalb sind die künstliche Erzeugung der Turbulenz oder die
Reduzierung der Grenzschichtdicke durch deren Unterbrechung effektivere Maßnahmen zur
Erhöhung des Wärmeübergangskoeffizienten.
Turbulenzförderer im Form von Oberflächenrauhigkeiten oder in Form von Oberflächenaustülpungen zielen vor allem auf die Erhöhung des Wärmeübergangskoeffizienten durch die Zerstörung der viskosen Unterschicht in der Nähe der Wände. Die Hauptdimensionen der Oberflächenrauhigkeiten sind die relative Höhe der Rauhigkeit, der relative Rauhigkeitsabstand und die
Form der Rauhigkeitselemente. Die optimale Form der Rauhigkeitselemente ist von den dynamischen Randbedingungen in der Grenzschicht und von den Eigenschaften des Fluids abhängig.
Die nächste Gruppe von passiven Methoden – bekannt als Einlegelemente - erzeugen Wirbel
oder sekundäre Strömungen entlang des Strömungsweges, um den Wärmeübergang bei der erzwungenen Konvektion in geschlossenen Kanälen zu erhöhen. Die best bekannten Elemente
dieser Gruppe sind die Disks oder strömungsförmige Körper, Drahtspiralen und gedrehte Bandeinlagen. Einen Überblick über Einlegelementen, welche für die Erhöhung des konvektiven
Wärmeflusses verwendet werden, geben Dewan et al. (2004).
Die effektivste Erhöhung des Wärmeüberganges wird durch die Verwendung von Rippen zur
Erhöhung der konvektiven Oberfläche erreicht. Die vielfältigen in der Vergangenheit verwendeten Rippenformen führten zu sehr kompakten Wärmeübertragern mit Gas-Gas oder GasFlüssigkeit als Arbeitsmedien. Sehr verbreitete Vertreter solcher Wärmeübertrager in der Industrie sind Rippen-Platten-Wärmeübertrager, Rippen-Rohr-Wärmeübertrager und rotierende Regenaratoren. Rippen, die in Platten-Wärmeübertrager verwendet werden, können flach und gerade, flach und gewellt, flach und perforiert sein. Das gängige Flächen/Volumen-Verhältnis solcher mit Rippen bestückten Wärmeüberträger beträgt ~ 1500 m2/m3. Eine sehr umfassende und
fundamentale Analyse der thermischen und fluiddynamische Eigenschaften solcher Wärmeübertrager - Rippen wurde von Kays and London (1964) durchgeführt.
Eine ähnliche Form von Rippen kann auch für die Rippen-Rohr-Wärmeübertrager verwendet
werden. Jedoch ist bei den Rippen-Rohr-Wärmeübertrager die Rippenführung anders gestaltet
als bei der Rippen-Platten-Wärmeübertrager.
Der dritte Klasse von kompakten Wärmeübertragern, nämlich die Regeneratoren mit matrixförmigem Aufbau, zeigen wesentliche Unterschiede im Vergleich zu den ersten beiden Gruppen
von kompakten Wärmeübertragern. Die Unterschiede liegen sowohl in der Rippenausführung
und der Rippenzusammenführung als auch in der Größe der Wärmeübertrager.
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Die Rippeneffektivität kann nur erreicht werden, wenn die Rippenlänge über die Dicke der
Grenzschicht hinausgeht und dadurch ein großer Anteil der Rippenoberfläche dem freien Fluidstrom ausgesetzt ist. Der Wärmeübergangskoeffizient einer mit Rippen vergrößerten Oberfläche kann größer oder kleiner sein als der Wärmeübergangskoeffizient einer Fläche ohne Rippenelemente. Z.B. können flache Rippen zwar die primäre Oberfläche vergrößern, aber deren
Wärmeübergangskoeffizient kann leicht unter der einer unberippten Flächen liegen. Dagegen
erhöhen unterbrochene Lamellen sowohl die Oberfläche als auch den Wärmeübergangskoeffizienten.

Ziel der Arbeit
Es gibt fast keinen industriellen Bereich, in welchem Wärmeübertrager nicht eingesetzt werden.
Das Design der Wärmeübertrager beeinflusst wesentlich das Design des gesamten Systems oder
des Prozesses, in dem diese Apparate eingesetzt werden. Viele Faktoren beeinflussen das Design von Wärmeübertragern, aber die wichtigsten sind der Wärmestrom, die für den Betrieb erforderliche Antriebsleistung, Volumen, Gewicht und die Herstellungskosten. Abhängig von der
Anwendung werden einige der erwähnten Faktoren Vorrang vor anderen haben, aber im allgemeinen werden als erstes der Wärmestrom, die notwendige Antriebsleistung und das Volumen
der Wärmeübertrager betrachtet. Bei fast allen Prozessen, mit Ausnahme von wenigen Fällen,
werden große Wärmeströme, kleiner Druckabfall und kleines Wärmeübertragervolumen gefordert. Besondere Sorgfalt ist erforderlich bei der Optimierung dieser drei Parameter in Wärmeübertragern für einphasigen Wärmeübergang von Gasströmen (oder Gas- und Flüssigkeitsströmen) in getrennten Strömungskanälen. Bei jeder Art von Wärmeübertragern wird die Warme
simultan durch Wärmeleitung, Konvektion und Strahlung übergetragen. Die Intensität der Wärmeleitung stellt keine große Herausforderung für den Konstrukteur dar, weil die durch die Wahl
des Materials der Wärmeübertragerelemente bestimmt werden kann. Auch spielt die Strahlung
bei Wärmeübertragern, welche mit mäßigen Temperaturen betrieben werden, keine große Rolle.
Dagegen stellt der konvektive Wärmeübergang insbesondere auf der Gasseite das Hauptproblem
beim Design von Wärmeübertragern dar. Gemäß dem newtonschen Gesetzes zur Kühlung kann
der konvektive Wärmeübergang als Produkt von Wärmeübergangskoeffizient, Wärmeübergangsfläche und Temperaturunterschied zwischen Wand und Fluid berechnet werden. Der Temperaturunterschied stellt sich gewöhnlich von alleine in Abhängigkeit von den Betriebsbedingungen des Wärmeübertragers ein und kann deshalb nicht als Parameter für die Erhöhung des
Wärmüberganges verwendet werden. Somit kann man die Intensität des Wärmüberganges entweder durch die Erhöhung der Wärmeübergangskoeffizienten oder der Wärmeübergangsfläche
oder beider Parameter gleichzeitig erhöhen. Im vorherigen Abschnitt wurde bereits erwähnt,
dass sowohl die Erhöhung des Wärmeübergangskoeffizienten als auch die der Wärmeübergangsfläche durch die Verwendung von Rippen in Form von versetztem Band oder Jalousien
erreicht werden kann. Deshalb sind diese Rippenausführungen besonders effizient, um hohe
Wärmeflüsse zu erreichen. Der Mechanismus, der diese hohen Wärmeübergangskoeffizienten
bewirkt, besteht in der periodischen Zerstörung der Grenzschicht und dadurch auch in der besseren Mischung von Fluidteilen mit unterschiedlichen Temperaturen. Zusätzlich wird eine größere
Wärmeübergangsfläche erreicht durch eine dichte Besiedelung der Grundfläche mit solchen
Rippen. Desweiteren sollten solche Rippen eine dünne und lange Form aufweisen. Ähnliche
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Effekte sind auch bei Anwendung von nadelförmigen Rippen zu erwarten. Deshalb können diese physikalisch als speziell unterbrochene Rippen betrachtet werden, obwohl sie nicht durch das
Abschneiden von Bändern (wie versetzte Band- oder Jalousie- Rippen) hergestellt werden können. Die Durchführung einer analytischen und experimentellen Studie zur Wärmeübergangserhöhung durch die Anwendung der nadelförmigen Rippen war das erste Ziel der vorliegenden
Arbeit.
Alle Elemente (inklusive nadelförmiger Rippen), welche zu einer Erhöhung des Wärmeüberganges führen, führen auch zu höheren Druckverlusten. Deshalb sind die zuständigen Ingenieure
für das Design von Hochleistungs-Wärmeübertragern ständig mit dem Zielkonflikt zwischen
den Zielen der Erhöhung der Wärmeströme und der Minimierung der Druckverluste solcher
Apparate konfrontiert. Leistungsvergleichsmethoden, welche die Auswahl von Wärmeübertragern unter Berücksichtigung der beiden Zielkonflikt-Faktoren ermöglichen, können das Design
von Wärmeübertragern erleichtern. In diese Sinne sollten solche Methoden auch die Auswahl
einer bestimmten Wärmeübergangsfläche aus zahlreichen möglichen Wärmeübergangsflächen
mit bekannten Wärmeübergangs- und Druckverlustcharakteristiken ermöglichen. Deshalb war
eines der Hauptziele der vorliegenden Arbeit die Entwicklung, die Anwendung und das Testen
einer Leistungs-Vergleichs-Methode, welche den oben genannten Anforderungen gerecht wird.
Die numerische Untersuchung des Einflusses des Querschnittes der Nadelförmigenrippen auf
die Leistung der gesamten nadelförmigen Matrix für die Kühlung von elektronischen Bauteilen
war ein weiteres Ziel der vorliegenden Arbeit.
Der Gegenstand des letzten Teils der Arbeit war die numerische Untersuchung und die Ableitung von Grundcharakteristiken für den Wärmeübergang und die Druckverluste von nadelförmigen Rippen, welche in den herkömmlichen Flach-Rohr-Wärmeübertragern in der Klimatechnik und Automobilindustrie verwendet werden können. Daraus ergab sich als weiteres Ziel der
Vergleich der Leistung von nadelförmigen Rippen mit anderen in Flach-RohrWärmeübertragern üblichen Rippen.

Inhalt der Arbeit
Die vorliegende Arbeit gliedert sich in 9 Kapitel. Nach der Einführung in Kapitel 1 gibt das Kapitel 2 einen Überblick über einige hocheffiziente Wärmeübergangsflächen, die vorwiegend für
die Erhöhung des einphasigen Wärmeüberganges in Klimatechnik, Kältetechnik, Lufterwärmungseinheiten und in der Auto-Industrie verwendet werden. Es folgt eine Analyse der Grundparameter, welche die Leistung der Rippen beeinflussen, und schließlich wird eine relativ einfache Methode zur Abschätzung der Größenordnung einer Erhöhung des Wärmeübergangswertes
präsentiert.
Das Kapitel 3 beschäftigt sich mit experimentellen Untersuchungen des Wärmeüberganges bei
Flächen, die mit nadelförmigen Rippen bestückt sind. In diesem Kapitel wird auch eine Einführung in der Problematik des Vergleichs der Leistung verschiedener Wärmeübergangsflächen
gegeben. Hierfür werden die Wärmeübertragung und Druckverluste eines Doppelrohrwärmeübertragers mit nadelförmigen Rippen mit einem glatten Doppelrohrwärmeübertrager verglichen.
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Kapitel 4 gibt die Details unterschiedlicher Methoden, die in der Vergangenheit für den Vergleich der Leistung von verschiedenen Wärmeübergangsflächen verwendet wurden. Es wird
gezeigt, dass alle diese Methoden einen indikativen Charakter besitzen, der nur eine ungefähre
Bestimmung der Leistung erlaubt und damit nicht gewährleisten kann, dass die gewählte Wärmeübergangsfläche die ermittelte Leistung auch unter Betriebsbedingungen bereitstellten kann.
Infolgedessen wird für diese Aufgabe eine neue Vergleichsmethode präsentiert und demonstriert. Es wird auch gezeigt, dass die vorgeschlagene Methode einen konsistenteren und genaueren Leistungsvergleich nicht nur der neu getesteten Wärmeübergangsflächen, sondern auch der
Wärmeübergangsflächen mit bekannten Wärmeübergangs- und Druckverlustcharakteristiken
zulässt.
In Kapitel 5 wird die numerische Arbeit dargestellt, mit dem der Einfluss des Querschnittes von
nadelförmigen Rippen auf die Leistung einer nadelförmigen Matrix für die Kühlung von elektronischen Bauteilen ermittelt wurde. Es wird gezeigt, dass das in Kapitel 4 beschriebene Wärmeübertrager- Leistungsdiagramm schnelle und korrekte Vergleiche der Leistung von nadelförmiger Matrixen mit unterschiedlichem Nadelquerschnitt und unterschiedlichen Anordnung zulässt.
Kapitel 6 befasst sich mit dem Wärmeübergang und dem Druckverlust von nadelförmigen Rippen in Flach-Roh- Wärmeübertragern. Es werden die Grunddaten der hierzu durchgeführten
numerischen Studie dargestellt. Ebenso werden die Regressionsanalyse und die korrespondierenden Gleichungen für Nu und Eu als Funktion aller wichtigen Parameter dargestellt.
Kapitel 7 beschäftigt sich mit einigen Aspekten der Wechselbeziehung zwischen der Leistung
der nadelförmigen Rippen und der Leistung des ganzen Flach-Rohr- Wärmeübertragers mit nadelförmigen Rippen. Es wird gezeigt, dass durch die Korrektur der Grundparameter für die Rippenleistung mit einer passenden Nadellänge die optimale Nadellänge abgeleitet werden kann. Es
wird ferner gezeigt, dass die auf diese Weise abgeleitete optimale Länge der mit dem Wärmeübertragerleistungsdiagramm ermittelten optimalen Nadellänge entspricht.
In Kapitel 8 sind die Ergebnisse eines Vergleiches zwischen einem experimentell untersuchten
Flach-Rohr- Wärmeübertrager mit Jalousie-Rippen und einem numerisch untersuchten FlachRohr- Wärmeübertrager mit nadelförmigen Rippen dargestellt. Ebenso werden in diesem Kapitel einige Detail-Informationen zur praktischen Anwendung des Wärmeübertragerleistungsdiagramms gegeben.
Kapitel 9 besteht aus einer detaillierten Zusammenfassung, Schlussfolgerungen und Ausblick,
die aus der vorliegenden Arbeit abgeleitet werden.

Zusammenfassung, Schlussfolgerungen und Ausblick
In der vorliegenden Arbeit wurden umfassende analytische, experimentelle und numerische Untersuchungen des Wärmeüberganges an Wärmeübertragern mit nadelförmigen Rippen dargestellt. Es wurde demonstriert, dass die nadelförmigen Rippen zu der Gruppe der Rippen gehören, mit denen gleichzeitig eine Erhöhung des Wärmeübergangskoeffizienten und der Wärmeübergangsfläche zu erreichen ist. Nach einer kurzen Übersicht über wellenförmige, streifenförmige und jalousieförmige Rippen, die als effektive und gut bewährte Methoden für die Erhöhung des Wärmeüberganges bereits etabliert sind, wurde eine einfache analytische Methode für
die Abschätzung der Erhöhung der Wärmeübertragerleistung durch solche Rippen dargestellt.
Die Analyse wurde an nadelförmigen Rippen durchgeführt, kann im Prinzip aber für alle anders
geformten Rippen ebenfalls verwendet werden. Durch Anwendung der Fourierschen Wärmeleitungsgleichung wurde gezeigt, dass die Intensität des Wärmeüberganges von Nadelmaterial,
Nadellänge, Strömungsgeschwindigkeit des Fluids und von der Belegungsdichte der Grundplatte mit Nadeln (Belegungsgrad) abhängig ist. Es wurde demonstriert, dass bei einer geeigneten
Kombination dieser Faktoren eine Leistungssteigerung in der Größenordnung von 70 verglichen
mit den blanken (nicht erhöhten) Flächen erreicht werden kann. Um die für die Erhöhung des
Wärmeüberganges durch nadelförmige Rippen errechnete Größenordnung prüfen zu können,
wurde ein Doppelrohr- Wärmeübertrager mit nadelförmigen Rippen versehen und experimentell
untersucht. Die Ergebnisse wurden mit einem glatten Doppelrohr- Wärmeübertrager mit gleichen geometrischen Parametern verglichen. Die dabei gemessenen Werte – erfasst in Form des
Parameters Nu - zeigten eine ähnliche Größenordnung der Leistungssteigerung, wie sie in der
analytischen Abschätzung vorhergesagt wurden. In den meisten Anwendungen sind allerdings
die Wärmeübergangscharakteristika nicht allein entscheidend für die Auswahl einer bestimmte
Wärmeübertrager- Oberfläche. Vielmehr ist der Druckverlust ein ebenso wichtiger Faktor. Deshalb wurden zusätzlich zu den Wärmeübergangscharakteristika auch die Druckverluste des mit
nadelförmigen Rippen bestückten Doppelrohr- Wärmeübertragers und des glatten DoppelrohrWärmeübertragers verglichen. Der Vergleich zeigte, dass bei einem Doppelrohr- Wärmeübertrager mit nadelförmigen Rippen der Druckverlust durch die Nadeln sogar stärker ansteigt
als der Wärmeübergang. Wenn demnach über die Verwendung von Wärmeübergangsflächen
bestückt mit nadelförmigen Rippen oder glatten Wärmeübergangsflächen nur anhand von Nu
und f entschieden werden sollte, würde man sofort zu Gunsten der glatten Wärmeübergangsfläche entscheiden. Dieselbe Entscheidung würde auch bei glatten Wärmeübergangsflächen getroffen werden, wenn nur auf Grund der Werte für Nu und f entschieden würde. Es ist aber bekannt,
dass bei allen Anwendungen, bei denen hohe Wärmeflussraten bei kleinen zu Verfügung stehenden Volumina erreicht werden müssen, hoch effektive Wärmeübergangsflächen bestückt mit
wellenförmigen oder unterbrochenen Band-, jalousie- oder nadelförmigen Rippen verwendet
werden. Deshalb können auf Grund des ersten Teils der Arbeit die folgenden Schlussfolgerungen gezogen werden:
1. Wärmeübergangsflächen bestückt mit nadelförmigen Rippen weisen wesentlich
höhere Wärmeübergangsraten, aber auch wesentlich höhere Druckverluste als
glatte Flächen.
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2. Während die dimensionslosen Parameter für den Wärmeübergang (Nu) und den
Druckverlust (f) sehr wichtig für die Einordnung von Wärmeübertrager mit ähnlichen Geometrie sind, eignen sich diese Parameter nicht für den Vergleich der
Leistung von unterschiedlich geformten Wärmeübergangsflächen. Die Anwendung allein dieser Parameter für den Leistungsvergleich ergibt den irreführenden
Eindruck, dass die nicht erhöhten (glatten) Flächen hinsichtlich des Wärmeübergangs und der Druckverluste effektiver seien als die erhöhten Flächen.
3. Geeignete Vergleichsmethoden für die Ermittlung der Leistung der Wärmeübergangsflächen unter Berücksichtigung des Wärmeüberganges und der Druckverluste müssen entwickelt werden.
Die letzte Schlussfolgerung führte zu einer umfassende Literaturrecherche nach Methoden, welche für die Auswahl von Wärmeübergangsflächen anhand eines geeigneten Leistungsvergleichs
entwickelt wurden. Es wurde festgestellt, dass in der Vergangenheit zahlreiche solche Methoden
vorgeschlagen und getestet wurden. Die drei meist verwendeten Methoden wurden detailliert
beschrieben. Dies sind die von Colburn (1942) entwickelte und von London und Fergusson
(1949) übernommene Methode, die Methode von LaHaye (1974), und die Methode von Soland
(1978). Es wurde dargelegt, dass diese Methoden auf dem Vergleich der Wärmeübergangs mit
der Antriebsenergie basieren, abgeleitet als Funktion des Wärmeübergangskoeffizienten h oder
Colburn Faktors j und des Reibungsfaktors f. Auf diese Weise liefern die genannten Autoren
Funktionen, mit denen Wärmeübergangsflächen mit bekannten Eigenschaften verglichen werden können. Diese Methoden erlauben eine relativ einfache and schnelle Auswahl von Wärmeübergangsoberflächen für bestimmte Anwendungen. Jedoch wird bei einem solchen Vorgehen
die Leistung nur näherungsweise ermittelt, weil der Wärmeübergang nicht nur von h oder ,j
sondern auch von dem Temperaturunterschied zwischen den Wärmeübergangsflächen und der
mittleren Fluidtemperatur abhängig ist. Bei einem hohen Wärmeübergangskoeffizienten h stellt
sich ein niedrigerer Temperaturunterschied ein, und deshalb sind die Werte des Wärmeüberganges in der Regel kleiner als die Werte, welche durch den direkten Vergleich von Wärmeübergangskoeffizienten ermittelt werden können. Ferner kann auf Grundlage des Wärmeübergangskoeffizienten kein Vergleich von geometrisch ähnlichen Wärmeübergangsflächen durchgeführt
werden, die unterschiedliche Strömungslängen aufweisen. Dies liegt daran, dass der Wärmeübergangskoeffizient einer bestimmten Wärmeübergangsfläche als Konstante definiert ist, unabhängig von der Strömungslänge. Eine weiteres Problem ergibt sich bei der Anwendung von h
und f zum Leistungsvergleich von neuen Wärmeübergangsflächen. Wenn ein Designingenieur
vor allem an Wärmeübergang und Druckverlust einer neu entwickelten Wärmeübergangsfläche
interessiert ist, benötigt er für den näherungsweisen Leistungsvergleich die Konvertierung der
Grunddaten für die Temperatur und Druckverluste in h und f. Der dann nur näherungsweise
durchgeführte Vergleich der Leistung der Wärmeübergangsflächen aus dem neuen Material
kann zur Auswahl einer Oberfläche führen, die später nicht die erforderliche Leistung bereitstellen kann. Solche falschen Entscheidungen führen unvermeidlich zu höheren Kosten und zusätzlichem Zeitaufwand für die Entwicklung einer neue Wärmeübergangsfläche. Es wird deshalb in
der vorliegenden Arbeit eine neue Methode des Leistungsvergleichs vorgeschlagen und demonstriert. Die vorgeschlagene Methode ermittelt die Leistung von Wärmeübergangsflächen
oder von Wärmeübertragern als ganzen durch den direkten Vergleich von Wärmeströmen und
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Antriebsenergie pro Volumeneinheit des Wärmeübertragers. Das Wärmeübertragerleistungsdiagramm als zentrales Element der vorgeschlagenen Methode verknüpft die für die Wärmeübertragerauswahl drei wichtigsten Parameter: Wärmestrom, Antriebsenergie und Wärmeübertragervolumen. Das Diagramm erlaubt den Vergleich der Leistung von neu getesteten Wärmeübergangsflächen für gleiche Massenströme, gleiche Eingangstemperaturen beider Fluidströme und gleicher Strömungslänge. Zusätzlich müssen die Materialeigenschaften der zu vergleichenden Flächen dieselben sein. In der vorliegenden Arbeit wurde ferner demonstriert, dass
das Leistungsdiagramm auch den Vergleich der Wärmeübergangsflächen aufgrund der in die
Literatur bekannten Daten (Wärmeübergangskoeffizient h und Reibungsfaktor f) zulässt. Jedoch
verlangt die Vergleichsmethode in diesem Fall zusätzlich die Bestimmung der Wärmeströme
und Druckverluste bei bestimmten Massenströmen und Fluid-Eingangstemperaturen. Der dafür
zusätzlich notwendige Rechnungsaufwand für den Leistungsvergleich von Flächen mit bekannten h und f wird durch die hohe Zuverlässigkeit bei der Berechnung der zu erwartenden Leistung
ausgeglichen. Für unterschiedliche Massenströme, unterschiedliche Eingangstemperaturen der
Fluidströme und unterschiedliche Materialeigenschaften der Flächen erlaubt es das Leistungsdiagramm, die zu erwartende Leistung mit hoher Annäherung an die wirklich zu erzielende
Leistung abzulesen. Der Leistungsvergleich mit der vorgelegten Methode führte zu einem um 77
% kleineren Volumen eines Doppelrohrwärmeübertragers mit nadelförmigen Rippen im Vergleich zum Volumen eines glatten Doppelrohrwärmeübertragers für die gleiche Aufgabe.
Die Hauptvorteile der nun vorliegenden Vergleichsmethode sind:
1. Einfacher und konsistenter Vergleich der Leistung von neu entwickelten Wärmeübergangsflächen,
2. Die Möglichkeit, Vergleiche nur aufgrund der Rohdaten wie Eingangs- und Ausgangsfluidtemperaturen, Massenströme und der Volumina von Wärmeübertragern durchzuführen,
3. Hohe Zuverlässigkeit beim Leistungsvergleich der Flächen, wenn der Wärmeübergangskoeffizient h und der Reibungsfaktor f bekannt sind,
4. Die Möglichkeit, komplette Wärmeübertrager in ihrem faktischen Zustand zu
vergleichen, unabhängig von den Arbeitsbedingungen, der Strömungsanordnung,
den Materialeigenschaften der Flächen und der Form des Wärmeübertragers.
Der praktische Nachweis für die Verwendbarkeit der aktuellen Leistungsvergleichsmethode
öffnete den Weg zur Untersuchung von anderen Aspekten der Wärmeübergangsflächen mit nadelförmigen Rippen. Wegen ihrer exzellenten Wärmeübergangscharakteristika werden nadelförmige Rippen in unterschiedlichen industriellen Anwendungen eingesetzt. Der Hauptanreiz
für deren Einsatz ergibt sich aus der Anforderung, hohe thermische Lasten bei einem kleinen
Volumen des Wärmeübertragers abzuführen. Die Kühlung verschiedener elektronischer Komponenten ist eine solche Anwendung. Nadelförmige Rippen mit unterschiedlichem Querschnitt
und mit unterschiedlichen Materialen werden immer mehr als Standard-Rippenformen für die
Kühlung von elektronischen Komponenten eingesetzt, wobei die Leistungsdissipationsraten
ständig erhöht werden. Soweit der Autor feststellen konnte, wurde in der Vergangenheit keine
systematische Untersuchung des Einflusses des Nadelquerschnittes auf die generelle Leistung
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von nadelförmigen Rippen-Matrixen durchgeführt. Deshalb war ein weiteres Ziel dieser Arbeit
die umfassende Untersuchung des Einflusses des Nadelquerschnittes auf die Leistung von nadelförmigen Rippen-Matrixen, wie sie in der elektronischen Industrie verwendet werden. Um den
Vergleich der Leistung unter fairen Bedingungen durchführen zu können, wurden numerische
Untersuchungen mit zwei geometrischen Vergleichskriterien vorgenommen. Diese Kriterien
beinhalten Einschränkungen hinsichtlich unterschiedlicher geometrischer Parameter, die zusätzlich zu dem Nadelquerschnitt die Leistung des Wärmeübertragers beeinflussen können. Die Einschränkung des ersten Vergleichkriteriums (FCC) wurden unter dem Aspekt der fluiddynamischen Ähnlichkeit vorgenommen, während die Wahl der Einschränkungen des zweiten Vergleichskriteriums (SCC) aufgrund einiger praktischer Aspekte der Anwendung der nadelförmigen Rippen vorgenommen wurde. Damit eine weite Palette von Anordnungen und Querschnittformen untersucht werden kann, wurden numerische Untersuchungen von versetzten und fluchtenden Nadelanordnungen mit einer NACA, elliptischen, lanzenförmigen, runden, tropfenförmigen und quadratischen Form durchgeführt. Aus dem anhand des Leistungsdiagramms durchgeführten Vergleich können folgende Schlussfolgerungen gezogen werden:
1. Bei versetzter Anordnung erbringen Nadeln mit elliptischen Querschnitt eine höhere Leistung als Nadeln mit anderen Querschnitten,
2. Bei fluchtender Anordnung und FCC erbringen Nadeln mit rundem Querschnitt
einen höhere Leistung, aber für SCC der gleichen Anordnung erbringen die Nadeln mit elliptischen Querschnitt wieder eine höhere Leistung als alle anderen
Querschnittsformen,
3. Die NACA-Profile zeigen für die in der vorliegenden Arbeit vorhandenen niedrigen Re und die gewählte NACA- Geometrie keine wesentlichen Vorteile gegenüber anderen Profilen.
Im Unterschied zu der Anwendung von nadelförmigen Rippen in der elektronischen Industrie,
zur Kühlung von Schaufeln von Gasturbinen oder in Heizkesseln wurden solche Rippen in der
Klimatechnik und Automobilindustrie bisher nicht eingesetzt. Trotz einer früheren Arbeit von
Kays (1955), in welcher der Autor demonstrierte, dass nadelförmige Rippen „konkurrenzfähig“
zu anderen Rippenformen (wellenförmigen, unterbrochenen Band- oder Jalousie-Rippen) sind,
wurden keine ernsthafte Versuche unternommen, die nadelförmigen Rippen auch in diesen Bereich der Industrie einzusetzen. Nach Ansicht des Autors liegt der Hauptgrund in den Schwierigkeiten, Wärmeübertrager mit nadelförmigen Rippen in den für diese Industriebereiche üblichen Formen herzustellen. Die übliche Form der Wärmeübertrager in diesen Bereichen würde
die Befestigung von nadelförmigen Rippen mit kleinem Durchmesser zwischen den Oberflächen der flüssigkeitsführenden flachen Rohre erfordern. Eine schnelle und wirtschaftliche Methode, welche eine dichte Platzierung von nadelförmigen Rippen zwischen solchen Wänden und
dabei einen guten Kontakt zwischen den Wänden und dem Rippenfuß gewährleistet, wurde bisher noch nicht entwickelt. Doch veranlassten die in der Optimierung von anderen Rippenformen
inzwischen erreichten Grenzen verschiedene Firmen, mit Arbeiten in Richtung der Optimierung
von nadelförmigen Rippen zu beginnen und deren Leistung mit anderen unterbrochenen Rippen
zu vergleichen. Deren Optimierung und der Leistungsvergleich setzt die Kenntnis von Grundcharakteristiken des Wärmeüberganges und der Druckverluste von nadelförmigen Rippen vor-
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aus, die als eine Alternative zu anderen Rippenformen betrachtet werden können. Damit solche
Charakteristiken abgeleitet werden können, wurde in der vorliegenden Arbeit eine ausführliche
rechnerisch - parametrische Studie von nadelförmigen Rippen-Matrixen mit kleinem Durchmesser und einer versetzten und fluchtenden Anordnung vorgenommen. Der Einfluss der Abstände
in Strömungs- und Querrichtung, der Nadellänge und der Strömungsgeschwindigkeit auf die
Leistung von Flach-Rohr-Wärmeübertragern mit nadelförmigen Rippen wurde über Wärmeübertragerleistungsdiagramme ermittelt. Damit die Wärmeübergangs- und Druckverlustergebnisse in Form von einzelnen Gleichungen wiedergegeben werden können, wurde eine Regressionsanalyse durchgeführt. Die als Funktion von Re, dimensionslosen Strömungs- und Querabständen sowie dimensionslosen Nadellängen abgeleiteten Nu und Eu ermöglichen eine einfache
Ermittlung der Leistung von Wärmeübergangsflächen mit nadelförmigen Rippen und den Vergleich ihrer Leistung mit solchen mit herkömmlichen Rippen. Im nächsten Kapitel wurde demonstriert, dass durch die Einführung einer Korrektur der Nadellänge entsprechend dem Blockadeeffekt der flüssigkeitstragendenen Rohren auf das durchströmende Gas ähnliche optimale
Nadellängen sowohl aus den Wärmeübertragerleistungsdiagrammen als auch aus der Analyse
der Leistungsparameter der Nadeln abgeleitet werden können. Für die fluchtende Nadelanordnung wurde die höchste Wärmübertragerleistung für das Nadellänge- zu Nadeldurchmesserverhältnis lp/d=10-15 ermittelt, während für die versetzte Anordnung das Optimum bei lp/d=7.512.5 liegt. Eine ähnliche Größenordnung für dieses Verhältnis ist bereits früher von verschiedenen Autoren anhand der vereinfachten Analyse des Wärmeüberganges an einer Nadel vorgeschlagen worden.
In Weiterführung der Beobachtungen von Kays (1955) zur Übertragungsleistung von nadelförmigen Rippen behaupteten Kays und Crawford (1993), dass durch Zerschneiden von Bandrippen in noch kleinere Segmente deren Leistung weiter erhöht werden kann. Indirekt behaupteten
die Autoren auch, dass, was die mit konventionellen Methoden maximal erreichbare Leistung
der Wärmeübergangsfläche betrifft, die nadelförmigen Rippen den Grenzfall von kurz geschnittenen Rippen darstellen. Deshalb beschäftigt sich das vorletzte Kapitel der vorliegenden Arbeit
mit einem Leistungsvergleich zwischen einem Flach-Rohr-Wärmeübertrager mit JalousieRippen und einem Flach-Rohr Wärmeübertrager mit nadelförmigen Rippen. Das experimentell
untersuchte Wärmeübertragermodell mit Jalousie- Rippen wurde mit einem numerisch untersuchten Wärmeübertrager mit nadelförmigen Rippen verglichen. Damit die zwischen experimentellen und numerischen Arbeiten üblichen Abweichungen berücksichtigt werden können,
wurde die Leistung des Wärmeübertragers mit nadelförmigen Rippen um in anderen Untersuchungen maximal ermittelte Abweichungen reduziert. Als maximale Abweichung wurden die
beim Vergleich zwischen den numerischen Ergebnissen mit den experimentellen Ergebnissen
für ein nadelförmiges Rippenmodell von Kays (1955) ermittelten Abweichungen angenommen.
Trotz dieser Reduktion ergab sich für die nadelförmigen Rippen eine höhere Leistung, die zu
einem im Mittel 22 % kleineren Wärmeübertragervolumen führte verglichen mit dem Volumen
eines Wärmeübertragers für die gleiche Aufgabe mit Jalousie-Rippen.
Die in der vorliegenden Arbeit dargestellte Analyse der Gesamtleistung der mit nadelförmigen
Rippen bestückten Wärmeübergangsflächen basiert auf einfache Experimente und umfassende
numerische Simulationen. In der Zeit, als diese Arbeit begonnen wurde, waren kostengünstige
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Herstellungsmethoden von Wärmeübergangsflächen mit nadelförmigen Rippen, mit kleinen
Durchmesser (~ 0.5 mm), nicht bekannt.
Dennoch, das zweifellose hohe Wärmeübergangspotential von nadelförmigen Rippen veranlasste in letzter Zeit viele Firmen, in die Entwicklung von geeigneten Methoden für schnelle und
kostengünstige Herstellungsmethoden von solchen Wärmeübergangsflächen zu investieren. Eine
nennenswerte Technik ist die so genannte „Mikroschmieden“–Technik, die von Alpha (Japan)
angewendet wird. Eine solche Technik ermöglicht die Herstellung von nadelförmigen Rippen
mit einem Durchmesser bis zu 0.5 mm und ein Verhältnis zwischen Nadellänge und Nadeldurchmesser bis zu 50 (Abb. 9.1). Diese Abmessungen der nadelförmigen Rippen sind sehr nah
von jenen, die in der vorliegenden Dissertation untersucht wurden. Deshalb wird dringend empfohlen, unter Berücksichtigung der aktuell entwickelten Herstellungsmethoden, weiterführende
experimentelle Untersuchungen an Wärmeübergangsflächen mit der in dieser Arbeit ähnlichen
nadelförmigen Rippen, durchzuführen.

Abb. 9.1 Kühler mit unterschiedlichen Nadelbelegungsdichten (Alpha, Japan).
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